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ABSTRACT 


Preliminary  Design  of  the  XFCTAP  01-01  Combined  Rotating  Unit 
(CRU)  is  described  in  this  report.  The  unit  is  intended  for  the  investigation 
of  Supercritical  (Feher)  cycle  engine  components. 

The  CRU  consists  of  a  single  stage  axial  reaction  turbine,  a  single 
stage  radial  pump  and  a  solid  rotor  alternator  with  its  rotor  supported  on 
self-acting  radial  and  thrust  bearings  with  working  fluid  lubrication.  The 
working  fluid  is  supercritical  CO2.  Net  power  output  of  the  CRU  is 
10  kWe  at  a  design  speed  of  80,  000  RPM. 

In  addition,  this  report  covers  the  design  of  an  Air  Turbine  Test 
Configuration  intended  to  verify  the  performance  of  the  CRU  turbine  with 
compressed  air  under  dynamically  similar  conditions  prior  to  testing  with 
high  temperature  supercritical  CO?.  The  air  turbine  test  unit  includes 
an  air  dynamometer.  The  turbine  Is  attached  to  the  dynamometer  shaft 
for  direct  torque  measurement.  The  housing  provides  means  for  regulating 
air  flow  rate. 

Both  the  CRU  and  the  Air  Turbine  Unit  are  fully  instrumented  to  yield 
data  on  pressures,  temperatures,  flow  rates, and  electrical  power  from 
which  the  performance  of  the  various  components  can  be  determined. 

Investigation  of  the  feasibility  of  miniaturized  turbine  fabrication 
resulted  in  the  conclusion  that  these  components  can  be  made  to  specifi¬ 
cations  that  will  yield  a  turbine  efficiency  of  about  0.  70  and  a  pump 
efficiency  of  about  0.67  at  the  design  point.  The  alternator  efficiency  is 
estimated  to  be  about  0.  89. 

It  is  recommended  that  these  preliminary  designs  be  carried  through 
final  design  and  that  the  units  be  fabricated  and  tested. 
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SECTION  I 
INTRODUCTION 


The  purpose  of  this  study  is  to  investigate  certain  aspects  of  the  Super¬ 
critical  (Feher)  cycle.  In  this  phase  the  preliminary  design  of  a  Combined 
Rotating  Unit  (CRU)  has  been  completed.  This  CRU  is  intended  to  test  the 
dynamic  components  of  an  engine  based  on  this  cycle.  Additionally,  the 
preliminary  design  of  an  Air  Turbine  Test  Unit  has  been  completed.  This 
unit  will  be  used  to  pretest  the  turbine  prior  to  testing  in  the  CRU. 

The  supercritical  (Feher)  cycle  is  a  new  concept  in  dynamic  energy  con¬ 
version.  It  is  characterized  by  high  thermal  efficiency,  compact  components, 
and  mechanical  simplicity.  Additional  advantages  of  this  cycle  are,  (1)  no 
abrupt  phase  change  occurs  in  the  cycle  and  therefore  no  erosion  of  turbine 
blades  due  to  vapor  quality,  (2)  elevation  of  pump  inlet  pressure  well  above 
critical  prevents  the  occurrence  of  cavitation  in  the  pump,  (3)  high  fluid 
densities  result  in  smaller  components  than  are  characteristic  of  other 
power  cycles,  and  (4)  the  characteristic  high  thermal  efficiency  can  be  ob¬ 
tained  with  a  single  stage  pump  and  a  small  diameter  turbine  of  one  or  two 
stages. 

A  detailed  description  of  the  Supercritical  (Feher)  cycle  can  be  found  in 
Reference  1. 


TABLE  I.  CRITICAL  CONSTANTS  OF 
WORKING  FLUIDS 


Name 

Formula 

Critical 

Temperature 

(°F) 

Critical 

Pressure 

Ammonia 

nh3 

271.  2 

1636 

Carbon  Dioxide 

C°2 

87.8 

1072 

Hexafluorobenzene 

C6F6 

460 

402 

Perfluoropropane 

C3F8 

161.4 

388 

Sulfur  Dioxide 

CO 

O 

to 

315.  5 

1143 

Sulfur  Hexafluoride 

SF6 

114 

546 

Water 

H2° 

70S 

3206 

Xenon 

Xe 

61.9 

853 
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SECTION  II 

CHARACTERISTICS  OF  THE  SUPERCRITICAL  (FEHER)  CYCLE 


1.  DESCRIPTION  OF  CYCLE 

The  supercritical  (Feher)  cycle  power  conversion  system  is  similar  to 
both  the  Rankine  and  Brayton  dynamic  power  cycles  in  that  (1)  head  is  pro¬ 
duced  by  pumping  a  working  fluid  from  a  lower  to  higher  pressure  level, 

(2)  heat  is  added  to  the  high  pressure  fluid  at  constant  pressure  thereby 
elevating  the  temperature  to  a  maximum  compatible  with  the  metallurgy  of 
the  equipment,  (3)  the  fluid  is  expanded  back  to  the  lower  pressure  level 
through  a  turbine  producing  work,  and  (4)  the  residual  unused  thermal 
energy  is  rejected  at  constant  pressure  by  cooling  the  low  pressure  working 
fluid  back  to  its  original  pump  inlet  condition. 

From  a  thermodynamic  viewpoint  the  three  cycles  differ  radically  due 
to  the  differing  pressure  levels  and  properties  of  working  fluids  used  for 
each.  Brayton  cycle  efficiency  is  essentially  limited  by  a  characteristic 
compression  work  factor.  Rankine  vapor  cycle  performance  is  inherently 
limited  by  the  condensing-bc  ng  process  which  precludes  major  energy 
recovery  from  the  turbine  exnaust  flow. 

The  Feher  cycle,  by  operating  at  supercritical  pressures,  retains  the 
most  efficient  aspects  of  both  the  Brayton  and  Rankine  cycles  (i.  e.  ,  a  high 
degree  of  recuperation  plus  a  relatively  low  pump  work  factor)  and  thus  is 
capable  of  providing  higher  cycle  efficiency  than  either  of  the  other  two. 

2.  WORKING  FLUIDS  AND  THEIR  PROPERTIES 

In  principle,  the  Supercritical  Cycle  can  be  operated  with  any  fluid  just 
as  a  Brayton  Cycle  can  be  operated  with  any  gas.  In  practice,  the  choice  of 
working  fluid  controls  the  range  of  cycle  operating  pressures  and  tempera¬ 
tures.  Table  I  lists  critical  properties  of  some  of  the  working  fluids  that 
can  be  used  in  practical  applications. 

For  initial  investigations  carbon  dioxide  was  selected  as  the  working 
fluid  for  several  reasons.  First,  its  critical  pressure  is  one  third  that  of 
water,  allowing  lower  operating  pressures.  Second,  it  is  known  to  be  a 
stable  and  inert  material  throughout  the  temperature  range  of  interest. 
Third,  there  is  a  considerable  body  of  literature  on  the  properties  of  carbon 
dioxide,  hence  cycle  analysis  is  based  on  reasonably  firm  data.  And  finally, 
carbon  dioxide  is  abundant,  nontoxic,  and  relatively  inexpensive. 

The  thermodynamic  and  transport  properties  of  carbon  dioxide  were 
assembled  from  several  sources,  notably  from  R.  L.  Sweigert,  et  al.  , 

(Ref.  2),  G.  C.  Kennedy  (Ref.  3),  D.  Price  (Ref.  4),  D.  M.  Newitt,  et  al.  , 
(Ref.  5)  and  L.  H.  Chen  (Ref,  6).  This  data  covers  the  temperature  range 


Figure  1.  Feher  Cycle  Superimposed  on  a  Mollier  Diagram 


from  32°F  to  1800<>F  and  the  pressure  range  from  0  to  500  atmospheres. 

The  properties  of  carbon  dioxide  as  a  working  fluid  are  very  good. 

There  are  some  cautionary  points,  but  in  general  its  behavior  is  close  to 
ideal.  The  molecular  weight  of  44  gives  rise  to  extremely  dense  working 
fluid  conditions  at  the  high  pressures  involved  thereby  reducing  the  working 
fluid  volume  flow  and  the  size  of  associated  equipment.  The  triatomic 
molecular  structure  and  consequent  low  specific  heat  ratio  mean  that  the 
gas  dynamic  machines  proposed  are  limited  more  by  gas  density  considera¬ 
tions  than  by  rotating  machinery  tip  speed. 

Carbon  dioxide  is  very  stable.  At  the  pressures  involved,  dissociation 
is  lesc  than  5  parts  in  100  million  at  1300°F.  It  will  oxidise  steels  slowly 
at  elevated  temperatures  but  at  a  rate  substantially  less  than  air  and  mark¬ 
edly  less  than  steam  at  temperatures  above  1100°F.  (For  example,  in 
advanced  gas  cooled  reactors,  the  stainless  steel  fuel  cladding  operates  at 
1472°F  nominal  with  higher  temperature  hot  spots,  in  a  COg  environment. ) 

It  actually  inhibits  the  internal  corrosion  of  aluminum  alloys.  The  extensive 
and  expanding  use  of  the  carbon  dioxide  as  a  reactor  coolant  is  providing  a 
great  body  of  experience  which  can  be  drawn  on  for  materials  compatibility. 
Such  experience  indicates  that  it  causes  little  or  no  corrosion  to  the  primary 
system. 

3.  CYCLE  PERFORMANCE  ANALYSIS 

As  indicated  on  a  typical  Mollier  Type  diagram  (Figure  1),  the  (Feher) 
cycle  operates  entirely  in  the  supercritical  pressure  regime.  At  all  points 
in  the  cycle,  the  working  fluid  (i.e.  ,  COg)  is  a  single  phase  substance. 

A  qualitative  review  of  Figure  1  illustrates  the  unique  characteristics  of 
this  thermodynamic  cycle.  At  the  cold  end  of  the  cycle  (a-b)  the  supercriti¬ 
cal  CO9  is  a  liquid  and  the  pumping  process  is  that  of  an  incompressible 
fluid  with  a  consequent  low  work  input  requirement.  The  low  pump-to- 
turbine  work  ratio  is  reflected  by  considerable  divergence  of  the  constant 
pressure  lines  as  they  extend  upward.  Also,  the  dependency  of  this  cycle 
upon  efficient  recuperation  is  represented  by  the  high  residual  differential 
enthalpy  in  the  turbine  exhaust  (h^i  -  h. )  as  contrasted  to  the  much  smaller 
turbine  work  differential  (h,j  -  h^O.  Thus,  without  recuperation,  such  a 
cycle  would  deliver  a  relatively  low  efficiency.  Conversely,  with  highly 
efficient  recuperation  the  thermal  input  requirement  (hj  -  hci)  is  only 
slightly  greater  than  the  turbine  work  differential.  Combining  this  with  the 
low  pump-to-turbine  work  ratio  results  in  very  high  cycle  efficiencies. 

The  effect  of  fluid  properties  upon  potential  recuperator  performance 
can  be  inferred  by  noting  in  Figure  l  the  sudden  droop  of  the  constant  tem¬ 
perature  lines  as  they  penetrate  the  supercritical  regime.  The  implication 
is  that  the  low  pressure  turbine  exhaust  fluid  (at  P| )  has  more  enthalpy  to 
dispose  of  than  the  high  pressure  pump  outlet  fluid  (at  P£)  can  absorb  even 
were  an  infinite  surface  recuperator  (with  zero  driving  temperature  differ¬ 
ential)  applied  to  the  system. 
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•  Pump  InM  Pressure  (psia) 

-  Pump  Pressure  Ratio  (Pj/Pi) 


ire  2.  Recuperator  Enthalpy  vs  Pump  Outlet  Pressure 
(Based  on  data  of  D.  M.  Newitt,  et  al.  (Ref.  5) 


This  characteristically  unrecoverable  energy  is  referred  to  as  the  pinch 
enthalpy  differential  (fl  hpinch^  Quantitative  values  for  COg  are  given  in 
Figure  2  for  the  range  of  pressures  currently  of  interest. 

In  this  cycle  the  cycle  thermal  efficiency  may  be  described  using  three 
energy  terms;  namely  pump  work,  turbine  work,  and  unrecoverable  turbine 
exhaust  energy.  The  last  of  these  three  incorporates  the  two  component 
quantities,  S  ^pinch  inc*  6b*,  where  fihg  refers  realistically  to  an  additional 
increment  of  Unrecoverable  energy  ascribed  to  a  finite  heat  exchanger  sur¬ 
face.  The  recuperator  efficiency  term  (er)  has  been  selected  to  describe 
real  recuperator  performance  so  that 


6  h 


(er)  =  . 


pinch 


pinch  +  fitl8 


Thus,  cycle  thermal  efficiency  may  be  directly  described  by 


_  Net  Work  _  Turbine  Work  -  Pump  Work 
''ey  ”  Heat  Input  “  Turbine  Work  +  fih  +  fi  bg 

In  a  simpler  ratio  form,  this  becomes: 


1.0 


1.0 


Pump  Work 

"  Turbine  Work 

’  77  e - 

,  pinch  r 

Turbine  Work 


(2) 


Thus,  the  performance  spectrum  of  the  practical  supercritical  cycle 
can  be  predicted  accurately  by  subjecting  the  ener  gy  terms  included  in 
equation  (2)  to  a  realistic  degree  of  variation. 

Reference  1  explains  at  length  the  nature  of  the  aforementioned  cycle 
variables  and  explores  in  considerable  detail  the  effects  on  overall  cycle 
performance  of  varying  such  parameters  as 

a.  turbine  inlet  temperature 

b.  pump  inlet  temperature 
•  c.  cycle  pressure  ratio 

d.  turbine  efficiency 

e.  pump  efficiency 

f.  recuperator  efficiency 

g.  cycle  characteristic  pressure  drop. 
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Pump  Inlet  Temp.  =  68*  F 
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Pump  Discharge  Pressure 
Pump  Inlet  Pressure 


Figure  3.  Cycle  Efficiency  as  a  Function  of  Pressure  Ratio 


4.  CYCLE  PERFORMANCE  CONSIDERATIONS 


The  optimization  of  a  supercritical  CO2  Power  Conversion  System  (PCS) 
will  be  a  function  of  the  design  power  level,  the  turbomachinery  rotational 
speed  and  the  component  efficiency  as  reflected  by  the  degree  of  sophistication 
available  in  fabricating  the  turbo  components. 

The  cycle  itself  has  a  characteristic  performance  trend  as  indicated  in 
Figure  3.  The  solid  curves  represent  the  expansion  of  equation  (2)  for  fixed 
values  of  turbine  and  pump  efficiencies  across  a  representative  range  of  cycle 
pressure  ratios.  The  resulting  cycle  efficiencies  accurately  represent  the 
real  performance  which  can  be  attained  with  a  practical  installation  since  all 
variables  are  accounted  for  in  Figure  3  with  the  exception  of  cycle  pressure 
drop.  This  term,  however,  can  be  compensated  for  simply  by  elevating  tur¬ 
bine  inlet  temperature.  Thus,  at  a  pressure  ratio  of  1.  50  for  a  cycle  pres¬ 
sure  drop  of  25  psia  for  each  side  of  the  cycle,  a  turbine  inlet  temperature  of 
1400°F  will  show  approximately  the  same  cycle  efficiency  as  Figure  3.  For 
AP*side=  50  psia,  the  turbine  inlet  temperature  must  be  raised  to  around 
1500°F  to  provide  the  same  performance. 

As  in  the  case  with  all  turbomachinery  power  cycles,  decreasing  power 
level  design  points  are  accompanied  by  decreasing  flow  rates,  increased 
rotational  speeds  and  ultimately,  where  mechanical  design  contraints  limit 
speed,  a  degradation  in  component  performance  due  either  to  low  character¬ 
istic  specific  speeds  or  fabricational  limitations  inposed  on  miniaturized 
turbomachinery. 

To  demonstrate  this  effect,  the  performance  for  three  different  power 
levels,  1000  kW,  100  kW  and  10  kW,  have  been  superimposed  on  Figure  3  and 
are  shown  as  dashed  lines.  In  each  case,  a  practical  rotational  speed  was 
selected  and  a  realistic  component  degradation  factor  was  assumed,  repre¬ 
senting  the  current  state-of-the-art. 

Case  A  would  represent  the  high  power  category  where  turbine  dimen¬ 
sions,  rotational  speed  and  stage  number  are  compatible  with  the  best  state- 
of-the-art  efficiency  throughout  the  entire  pressure  ratio  range  shown.  Thus, 
for  a  fixed  turbine  efficiency,  as  pressure  ratios  increase,  the  turbine 
specific  work  increases,  decreasing  the  denominator  of  equation  (2),  result¬ 
ing  in  increasing  cycle  efficiencies. 

Case  B  reflects  the  intermediate  power  category  which  implies  reduced 
flow  rates,  smaller  turbomachinery  and  a  desire  either  to  operate  at  higher 
rotational  speeds  or  to  increase  the  number  of  turbine  stages.  If  the  RPM 
and  stage  number  are  restricted  by  other  system  design  constraints,  increas¬ 
ing  pressure  ratio  is  accompanied  by  a  decreasing  specific  speed  below  the 
best  efficiency  range  and  a  subsequent  degradation  of  turbomachinery  per¬ 
formance  occurs. 

Case  C  shows  the  typical  continuing  cycle  degradation  as  design  power 
levels,  flow  rates,  and  turbomachinery  dimensions  are  decreased  even 
further. 
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Thus,  it  can  be  seen  that  maximum  cycle  performance  occur* 
at  some  optimum  pressure  ratio  which  can  be  determined  once  the  system 
design  and  component  fabrication  constraints  have  been  established. 

The  problem  of  designing  for  the  10  kW  power  class  is  represented  by 
Case  C  where  maximum  cycle  performance  will  be  achieved  at  pressure 
ratios  of 


and,  as  will  be  demonstrated  later,  at  pump  inlet  pressures  of 

1850  psia  <  P  .  <  2100  psia 

r  pump  in  r 

If  lower  pressure  ratios  are  applied,  the  turbine  specific  work 
decreases,  increasing  the  relative  magnitude  of  pinch  enthalpy  which, 
itself,  increases  with  decreasing  pressures.  Additionally,  for  a  real  regen¬ 
erative  closed  cycle,  other  parasitic  losses  begin  to  dominate,  further 
depressing  the  cycle  performance  potential.  This  degradation  is  not  ade¬ 
quately  offset  by  the  corresponding  tendency  for  improved  expander  effi¬ 
ciencies  at  lower  pressure  ratios. 

Conversely,  although  increasing  pressures  and  pressure  ratios  improve 
the  relative  pinch  enthalpy  and  parasitic  loss  factors,  their  degree  of 
improvement  lessens  rapidly  beyond  the  range  indicated  above  while  at  the 
same  time  turbine  performance  and  associated  design  criteria  become  suc- 
ceedingly  less  favorable. 

Thus,  for  a  selected  low  power  level  there  is  a  relatively  narrow  range 
of  pressures  and  pressure  ratios  that  will  deliver  maximum  performance  in 
conjunction  with  acceptable  component  specifications. 


1.20  < 


jump  out 


pump  in 


<  1,30 


SECTION  III 


CRU  PRELIMINARY  DESIGN 


1.  INITIAL  CYCLE  SELECTION 

The  study  objective  calls  for  a  preliminary  design  (using  current  tech¬ 
nology)  of  a  test  unit  that  will  confirm  the  operational  feasibility  of  the  Feher 
cycle  and  establish  component  efficiencies  at  a  level  compatible  with  high 
cycle  efficiency  objectives. 

It  has  been  indicated  above  that  for  the  10  kWe  power  class  optimum 
cycle  performance  occurs  at  turbine  discharge  pressures  of  around  2000  psia. 
For  verification  purposes,  the  cycles  corresponding  to  three  turbine  exhaust 
pressures  (1800  psia,  2000  psia,  and  2200  psia)  were  investigated  for  each  of 
three  turbine  pressure  ratios,  namely 

P./P  =  1. 22,  1.25,  and  1.  30. 
a  e 

These  nine  combinations  are  shown  in  Figure  4  indicating  CRU  design  speed 
and  cycle  efficiency  for  each  as  a  function  of  actual  turbine  efficiency  and  also 
of  the  characteristic  half-cycle  parasitic  pressure  drop.  For  each  pressure 
ratio,  the  cross  hatched  central  sector  represents  the  2000  psia  pump  inlet 
pressure  with  1800  and  2200  psia  bracketing  on  either  side.  It  is  apparent 
that  for  any  practical  RPM,  the  2000  psia  spectrum  will  result  in  cycle  effi¬ 
ciencies  comparable  to  or  better  than  the  other  two. 

The  speeds  shown  represent  the  desirable  design  range  for  optimum  cycle 
efficiency.  To  design  to  higher  RPM  would  offer  relatively  small  improve¬ 
ments  in  cycle  efficiency  while  incurring  uncertainties  in  producibility  and 
mechanical  performance. 

Alternately,  lower  RPM  would  correspond  to  lov  er  turbine  pressure 
ratios,  incurring  a  serious  drop-off  in  cycle  efficiency  for  systems  reflecting 
realistic  pressure  losses. 

From  the  analysis  reflected  by  Figure  4  and  a  selected  CRU  design  speed 
of  80,000  RPM  (discussed  further  in  the  mechanical  design  section),  the  fol¬ 
lowing  design  point  was  initially  selected  for  the  test  unit. 

Turbine  inlet  temperature  =  1440°F 

Turbine  inlet  pressure  =  2460  psia 

Turbine  discharge  pressure  =  2000  psia 
CO.>  mass  flow  rate  =  0.  86# /sec 

Rotational  speed  =  80,  000  RPM 
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Pump  inlet  temperature  =  80°F 

Pump  inlet  pressure  =  I960  psia 

Pump  discharge  pressure  =  2500  psia 

Table  II  describes  approximate  turbine  and  pump  designs  that  conform  to  the 
design  point  selected. 

2.  TURBINE  AND  PUMP  ANALYSIS 

a.  General  Discussion 

Comprehensive  studies  have  been  made  on  the  characteristic  values 
of  turbomachines.  The  result  of  these  studies  is  that  only  few  significant 
parameters  are  needed  to  define  the  performance  potential  and  the  optimum 
geometry  of  turbine  and  pump  designs.  This  results  from  (1)  potential  flow 
and  boundary  layer  arguments  which  show  that  the  cascade  losses  are  a  func¬ 
tion  of  the  Reynolds  Number,  Mach  Number,  solidity,  aspect  ratio,  blade 
loading,  and  mean  vector  angle  and  from  (2)  similarity  considerations  which 
show  that  the  above  parameters  are  interrelated  with  the  machine  similarity 
parameters:  specific  speed  Ng,  specific  diameter  Dg,  peripheral  Mach 
number  Ma*,  peripheral  Reynolds  Number  Re*  and  ratio  of  specific  heats. 

Thus  the  maximum  obtainable  turbocomponent  efficiency  and  the  optimum 
design  geometry  can  be  computed  as  functions  of  the  similarity  parameters 
by  numerically  evaluating  the  pertinent  interrelation  until  the  optimum  con¬ 
figuration  has  been  found  for  given  operating  conditions.  This  leads  to  the 
calculation  of  design  selection  diagrams  (Ng  -  Dg  diagrams)  which  show  the 
maximum  obtainable  turbocomponent  efficiency  and  significant  geometrical 
ratios  (representing  the  optimum  geometry)  for  fixed  values  of  the  peripheral 
Reynolds  Number,  peripheral  Mach  Number  and  ratio  of  specific  heats.  A 
typical  diagram  is  shown  in  Figure  5  for  turbines.  It  is  important  to  realize 
that  every  point  on  this  diagram  is  a  design  point.  Similar  design  selection 
diagrams  can  be  computed  for  pumps. 

Actually,  the  specific  speed  and  specific  diameter  parameters  are 
the  most  important  for  the  stage  efficiency.  The  influence  of  the  other  param¬ 
eters,  Mach  Number  and  Reynolds  Number,  is  comparatively  small  as  long 
as  the  chord  Reynolds  Number  is  above  the  critical  value,  and  as  long  as  the 
flow  velocities  do  not  exceed  the  velocity  of  sound.  Lower  efficiencies  than 
quoted  in  Figure  5  are  to  be  expected  when  the  Reynolds  Number  is  smaller 
than  the  critical  Reynolds  Number.  The  Mach  Number  influence  on  turbine 
performance  usually  is  very  small,  it  does,  however,  affect  the  optimum 
geometry  to  some  degree.  The  similarity  parameter,  ratio  of  specific  heats, 
which  also  does  not  affect  the  maximum  obtainable  stage  efficiency  signifi¬ 
cantly,  will  however,  have  an  influence  on  the  optimum  geometry. 

Other  assumptions  for  the  selection  diagrams  are  that  the  blade  sur¬ 
faces  be  hydraulically  smooth,  that  the  trailing  edge  thickness  of  the  rotor 
and  stator  blades  be  smaller  than  2%  of  the  blade  pitch,  and  that  the  tip  clear¬ 
ance  between  rotor  and  stator  be  no  more  than  2%  of  the  blade  height. 
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N  Rotative  Speed  (RPM) 

D  Rotor  Diameter  (Ft) 

H  .  Adiabatic  Head  (Ft) 
ad 

V  Volume  Flow  Rate  (Ft3 /Sec) 
U  Tip  Speed 
8  Kinematic  Vi*co*ity 


h  Blade  Height 

S  Tip  Clearance 

t  Blade  Pitch 

te  Trailing  Edge  Thickne** 

Cg  Velocity  of  Sound 

r  Ratio  of  Specific  Heat* 


Figure  5.  Typical  Ng  Dg  Diagram  For  Turbine* 
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The  specific  speed  and  specific  diameter  parameters  are  defined  in 
such  a  manner  that  they  directly  reflect  the  turbo  component  design  require¬ 
ments  such  as  the  abiabatic  head,  the  flow  rate,  the  rotative  speed  and  the 
rotor  diameter.  These  diagrams  are  applied  to  the  preliminary  design  of 
turbo  components  >y  determining  the  specific  speed  for  the  desired  operating 
conditions  and  b'*  -  'ing  from  the  N*  D,  diagrams  the  maximum  obtainable 

stage  efficiency.  value  is  obtained  at  the  optimum  specific  diameter 

(identified  in  Figure  5  by  a  dotted  line)  which  then  represents  the  desired 
rotor  diameter  D.  This  value  would  be  selected  for  the  design  in  cases  where 
the  application  of  this  diameter  does  not  cause  excessive  tip  speeds  (from  a 
stress  point  of  view).  At  the  same  time,  the  associated  h/D  value  is  found  so 
that  then  the  blade  height  h  is  determined  which  then  indicates  the  maximum 
allowable  tip  clearance. 

In  cases  where  excessive  tip  speeds  are  not  anticipated  (nonstress  - 
limited  designs)  only  the  efficiency  obtainable  at  the  optimum  specific  diameter 
is  of  interest.  Thus,  the  information  presented  in  typichl  N*  D*  diagrams 
can  be  condensed  to  simplified  plots  that  show  the  maximum  efficiency  (at  the 
optimum  specific  diameter)  as  a  function  of  specific  speed.  Figure  6,  calcu¬ 
lated  for  turbines,  shows  that  up  to  specific  speeds  of  13,  partial  admission 
turbines  give  highest  efficiencies,  whereas  for  specific  speeds  higher  than  13, 
full  admission  designs  should  be  considered.  The  maximum  obtainable  effi¬ 
ciency,  in  general,  decreases  with  decreasing  specific  speeds.  Impulse  type 
rotor  blading  is  assumed  for  Ns  <  50.  The  optimum  specific  diameter  and 
the  ratio  of  blade  height  to  diameter  is  shown  in  Figure  7,  indicating  decreasing 
optimum  specific  diameters  with  increasing  specific  speeds.  Examining  now 
the  optimum  ratio  of  blade  height  to  diameter,  it  is  found  that  this  ratio  in¬ 
creases  in  general  with  increasing  specific  speeds,  reaching  values  of  .07  at 
specific  speeds  of  13  for  partial  admission  turbines  but  having  values  of  .  02 
for  full  admission  turbines  operating  at  the  same  specific  speed. 

Figure  8  presents  similar  information  for  pumps  and  shows  that  for 
low  specific  speeds  (up  to  Ns  =  10.  5)  Pitot  pumps  give  best  efficiencies.  For 
specific  speeds  from  10.  5  to  22  partial  emission  designs  give  highest  effi¬ 
ciencies,  whereas  for  even  higher  specific  speeds,  full  emission  centrifugal 
pump  designs  offer  the  highest  efficiency  potential.  The  maximum  obtainable 
pump  efficiency  generally  decreases  with  decreasing  specific  speeds.  The 
associated  rotor  diameter  ratio  and  exit  blade  wK’th  are  shown  in  Figure  9 
indicating  similar  trends  as  discussed  for  turbines,  namely  decreasing  spe¬ 
cific  diameters  with  increasing  specific  speeds. 

The  information  shown  in  Figures  6  and  7  can  also  be  applied  for 
calculating  the  maximum  performance  potential  of  multistaged  turbines.  The 
procedure  is  to  assume  a  head  split  between  the  stages,  calculate  the  stage 
specific  speed  on  this  basis,  and  to  find  the  maximum  efficiency  and  optimum 
geometry  from  the  stage  performance  diagram.  The  head  split  is  then  varied 
until  the  maximum  overall  efficiency  is  found. 
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Figure  6.  Simplified  Diagram  for  Turbines 
Maximum  Efficiency  —  N« 


Simplified  Diagram  for  Pumps 
Maximum  Efficiency  —  N„ 
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b.  Configuration  and  Performance  Analysis 

Using  Design  Point  Data 

The  generalized  studies  were  based  on  the  selection  of  axial  impulse 
turbines  as  near  optimum  designs.  Actually,  an  impulse  design  is  also 
favored  by  mechanical  design  considerations  since,  in  this  operating  mode, 
the  pressure  difference  across  the  turbine  disc  is  small  so  that  the  resultant 
axial  thrust  is  small.  By  selecting  double  shrouded  rotor  designs  for  the 
pump  component,  the  axial  thrust  on  the  pump  side  would  also  be  small. 

Thus,  the  load  carrying  capacity  of  the  axial  thrust  bearing  can  be  kept  low 
so  that  high  power  losses  are  avoided.  Detailed  aerodynamic  considerations, 
however,  would  indicate  that  reaction  turbines  may  offer  a  higher  efficiency 
potential  than  impulse  turbines. 

In  order  to  determine  the  validity  of  this  argument,  the  degree  of 
reaction  was  changed  step-wise  and  the  desired  geometry  and  efficiency 
potential  was  calculated.  The  results  are  shown  in  Figures  10  and  11,  by 
plotting  the  rotor  diameter  D,  the  chord  lengths  C  and  the  blade  height  h  as 
functions  of  the  degree  of  reaction  p  in  Figure  10,  and  by  showing  the  opti¬ 
mum  rotor  blade  number  Zg,  nozzle  blade  number  Z^,  rotor  blade  inlet  angle 
%2  and  rotor  blade  exit  angle  $$  as  functions  of  the  degree  of  reaction  in 
Figure  11.  Increasing  rotor  diameters,  increasing  chord  lengths  and  blade 
height  together  with  increasing  number  of  nozzle  blades  result  from  increasing 
degrees  of  reaction.  The  rotor  blade  inlet  and  exit  angles,  however,  decrease 
together  with  the  optimum  rotor  blade  number  with  increasing  degrees  of 
reaction.  This  also  means  that  the  rotor  flow  deflection  decreases  with  in¬ 
creasing  degrees  of  reaction.  The  exit  swirl  angle  0:3  increases  with  increas¬ 
ing  degrees  of  reaction,  meaning  that  high  degrees  of  counter  swirls  occur  at 
low  degrees  of  reaction. 

Figure  12  shows  the  axial  thrust  load  across  the  turbine  disc  as  a 
function  of  degree  of  reaction  and  Figure  13  shows  the  desired  trailing  edge 
thickness  of  the  nozzle  and  rotor.  Comparatively  low  values  for  the  axial 
thrust  occur  at  impulse  operation,  but  extremely  high  axial  thrust  loads  (up 
to  about  500  pounds)  are  calculated  for  50%  reaction  turbines.  The  desired 
trailing  edge  thickness,  in  all  cases,  is  comparatively  small,  namely  .  00035 
inch  for  50%  reaction  designs,  and  even  smaller  for  impulse  designs.  The 
absolute  leaving  energy  from  the  turbine  rotor  expressed  by  the  square  of  the 
ratio  of  leaving  velocity  to  spouting  velocity  (c^/c0)^  decreases  with  increasing 
degrees  of  reaction,  meaning  that  exhaust  diffusers  are  important  for  low 
reaction  designs,  but  of  little  significance  for  high  reaction  designs. 

It  is  apparent  from  these  figures  that  high  reaction  turbines  have 
larger  dimensions,  i.  e.  also  larger  blade  heights  and  thus  fewer  manufacturing 
problems  than  impulse  turbines.  At  the  same  time,  high  degrees  of  reaction 
offer,  in  general,  a  higher  efficiency  potential  than  impulse  turbines.  How¬ 
ever,  the  required  thrust  bearing  capacity  will  be  comparatively  high  for  this 
turbine  type,  so  that  considerations  dealing  with  the  power  loss  in  axial  thrust 
bearings  will  tend  to  favor  low  reaction  designs. 
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Figure  12.  Turbine  Thrust  as  a  Function  of 
Degree  of  Reaction 


3.  Trailing  Edge  Thickness  and  Exit  Velocity  Loss  as  a 
Function  of  Degree  of  Reaction 
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The  small  trailing  edge  thicknesa  desired  for  low  as  well  as  high 
reaction  turbines,  will  be  difficult  to  maintain  during  turbine  operation.  The 
effect  of  the  trailing  edge  thickness  on  turbine  performance  is  particularly 
strong  for  the  optimum  chord  length  shown  in  Figure  14a.  The  efficiency 
drops  drastically  with  increasing  trailing  edge  thickness,  for  example,  from 
70%  to  57%  for  designs  with  10%  degree  of  reaction,  when  the  originally 
assumed  trailing  edge  thickness  of  0.0007"  is  increased  to  .002".  A  similar 
drop  in  efficiency  occurs  for  50%  reaction  turbines.  Since  the  efficiency  level 
of  50%  reaction  turbines  is  considerably  higher  than  that  of  impulse  turbines, 
a  trailing  edge  thickness  penalty  can  more  readily  be  accepted  for  the  50% 
reaction  design.  This  diagram  also  shows  the  influence  of  the  tip  clearance 
indicating  a  comparatively  high  sensitivity  of  the  50%  reaction  design  to  tip 
clearance,  and  a  smaller  sensitivity  to  tip  clearance  for  the  impulse  type 
design. 

The  turbine  efficiency  sensitivity  to  trailing  edge  thickness  can  be 
modified  when  the  chord  length  is  increased  to  values  above  the  original 
(optimum)  chord  lengths.  Selecting  higher  than  optimum  values  for  the  chord 
length  means  that  fewer  blades  will  be  required  when  the  optimum  solidity  is 
retained.  Since  the  trailing  edge  penalty  is  a  function  of  the  ratio  of  trailing 
edge  thickness  to  pitch,  larger  chord  lengths,  i.  e.  smaller  blade  numbers, 
become  more  tolerant  to  trailing  edge  thickness.  The  maximum  efficiency 
potential,  however,  is  reduced  since  larger  chord  lengths  mean  higher  end- 
wall  losses  and  consequently  lower  efficiencies.  These  trends  are  shown  on 
Figure  14b.  The  maximum  efficiency  level  obtainable  with  this  design  version 
is  smaller  than  the  design  with  the  original  chord  length.  The  efficiency 
obtainabxe  with  a  trailing  thickness  of  .002  inch,  however,  is  higher  for  the 
increased  chord  length  than  for  the  original  chord  length. 

All  data  presented  so  far  assumed  a  hydraulically  smooth  surface. 

The  effect  of  surface  roughness  on  performance  is  shown  in  Figure  15  for  a 
design  with  the  original  chord  lengths  as  well  as  with  extended  chord  lengths. 
Assuming  a  trailing  edge  thickness  and  tip  clearance  of  .  002  inch,  a  surface 
roughness  effect  can  be  expected  in  cases  where  the  surface  roughness  is 
larger  than  16  micro-inches.  For  a  surface  finish  of  32  micro-inches,  only 
very  little  performance  loss  is  calculated.  More  significant  efficiency  pen¬ 
alties  will  occur,  however,  if  the  surface  roughness  is  larger  than  32  micro - 
inches. 

c.  Turbine  Design  Point  Selection 

It  is  apparent  that  to  maximize  turbine  efficiency,  the  designer  must 
accommodate  the  highest  degree  of  reaction  that  can  be  accepted  with  con¬ 
fidence. 

Figure  14  also  shows  that  the  op.imum  chord  length  (CQ)  is  an  opti¬ 
mum  only  where  extremely  thin  trailing  edges  can  be  maintained.  As  the 
trailing  edge  thickness  (te)  increases,  the  shorter  chord  (C  =  C0)  degrades 
far  more  rapidly  than  the  longer  chord  (C  =  3C0)  and  at  te  =  .002,  the  long 
chord  blade  is  more  efficient  than  the  short  chord. 
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Turbine  Efficiency  as  a  Function  of  Blade  Trailing  Edge  Thickness 
and  Chord  Ratio,  Assuming  Hydraulically  Smooth  Surface 


(Micro- Inch) 


le  Efficiency  as  a  Function  of  Blade  Surface 
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Noting  Also  from  Figure  11  that  the  high  degree  of  reaction  results 
in  the  smallest  turbine  exit  angle  and  (for  C  =  CQ)  a  relatively  high  blade 
number  (Zr  **  75),  the  combination  of  high  blade  number,  low  exit  angle  and 
very  thin  trailing  edge  presents  a  difficult  configuration  to  fabricate. 

Thus,  the  real  optimization  of  turbine  performance  can  be  assessed 
only  after  sufficient  fabricating  experience  has  been  acquired  to  predict  with 
confidence  the  maximum  number  of  blades,  the  smallest  exit  angle  and  the 
thinnest  trailing  edge  that  can  be  consistently  reproduced. 

These  three  criteria  can  then  be  reintroduced  into  the  component 
loss  analysis  to  determine  specifically  the  corresponding  chord  length  and 
blade  profile  that  will  provide  a  maximum  turbine  efficiency. 

For  the  initial  design  point,  the  first  turbine  design  selected  for 
fabrication  studies  had  the  basic  specifications  shown  in  Table  III. 


TABLE  XII.  FIRST  TURBINE  DESIGN 

Degree  of  reaction  .  30 

Blade  number:  nozzle  36 

rotor  42 


Chord  length 
Surface  roughness 
Tip  clearance 
Trailing  edge  thickness 
Blade  height 


.110  inch 
16-32  f i  inch 
.  00 1  inch 
.  00 1  inch 
.  048  inch 


d.  Pump  Performance  Considerations 

The  pump  impeller  fabrication  problems  are  similar  to  those 
described  for  the  turbine  but  perhaps  less  due  to  the  reduced  blade  number. 
The  same  manufacturing  techniques  may  be  applied  with  a  high  degree  of  con¬ 
fidence  that  a  satisfactory  impeller  can  be  fabricated. 

The  pump  tip  speed  is  relatively  low  (slightly  over  300  ft  per  second) 
permitting  a  double  shrouded  impeller  having  a  predictable  hydraulic  effi¬ 
ciency  of  ^impeller  *  0.90. 

The  overall  pump  efficiency  will  be  sensitive  to  impeller  blade 
accuracies,  rotor  and  stator  alignment,  the  recirculating  leakage,  and  per¬ 
formance  of  the  vaned  diffuser.  Optimum  performance  will  necessitate 
attention  to  all  these  areas.  A  preliminary  estimate  of  pump  performance 
indicates  overall  efficiency  range  for  the  test  component  of 

0.  66  <  n  <0.70 
'pump 
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e.  Final  Design  Point  Selection  and  Pump  Calculation 

Following  preliminary  investigation  of  the  fabrication  problems  with 
specialists  in  the  art  (covered  in  detail  later)  the  specifications  of  the  First 
Turbine  Design  were  reexamined.  It  was  decided  that  to  increase  the  proba¬ 
bility  of  meeting  the  component  efficiency  targets  as  reflected  in  Table  II, 
the  turbine  and  pump  specific  speeds  will  be  increased.  This  was  done  by 
reducing  the  pressure  ratio,  therefore  increasing  the  mass  flow,  while  re¬ 
taining  the  design  speed  of  80,  000  RPM  (see  Table  IV).  Although  this  results 
in  slightly  lower  cycle  efficiency,  the  margin  between  the  best  prediction  and 
expected  performance  increases  as  can  be  seen  by  comparing  Tables  II  and 
V. 


Specifications  of  the  Final  Turbine  Design  are  shown  in  Table  VI. 

Having  established  the  turbine  specifications  those  of  the  pump  were 
calculated  and  are  given  in  Table  VII. 

3.  BEARINGS 

The  use  of  high-pressure  CO2  as  a  bearing  fluid  presents  several  inter¬ 
esting  and  rather  unique  circumstances.  The  high-pressure  CO2  bearing 
cannot  be  considered  a  gas  bearing  because  the  fluid  is  decidedly  incompres¬ 
sible,  in  the  hydrodynamic  theory  sense  of  compressibility.  This  differenti¬ 
ation  has  several  important  ramifications,  but  perhaps  the  most  significant 
is  that  the  load-carrying  capacity  of  an  incompressible -fluid,  self-acting 
bearing  increases  sharply  as  the  average  film  thickness  is  reduced,  whereas 
compressibility  in  the  fluid  acts  quickly  to  limit  the  bearing  load-carrying 
capacity  as  the  average  film  thickness  is  reduced.  This  effect  will  be  demon¬ 
strated  by  computing  the  load -carrying  capacity  of  a  typical  standard  air  gas 
bearing  for  various  values  of  the  average  film  thickness.  The  computation 
will  extend  over  both  the  compressible  and  incompressible  regimes  so  that 
the  point  of  departure  from  incompressible  theory  will  be  evident. 

For  the  example  assume  a  360°  continuous  film  bearing  as  follows; 

angular  shaft  speed  (U)  =  9250  rad/sec 

.  9 

fluid  viscosity  (ji)  =  2.7  x  10  reyns 

shaft  radius  to  radial  clearance  ratio  (R/C)  =  100 

fluid  bulk  modulus  (8)  =  15  psi 

bearing  length  to  diameter  ratio  (L/D)  =  I 

For  these  conditions,  the  compressibility  factor,  A,  is  as  follows: 

A  =  ,£,2  =  (100,2  ,  .  ,0 


Using  the  load  carrying  coefficients  from  Elrod  and  Malanoski  (Ref.  7)  for  an 


TABLE  IV.  FINAL  TEST  UNIT  DESIGN  POINT 


Turbine  inlet  temperature 
Turbine  inlet  pressure 
Turbine  discharge  pressure 
COg  mass  flow  rate 
Rotational  speed 
Pump  inlet  temperature 
Pump  inlet  pressure 
Pump  discharge  pressure 


1440°F 
2200  psia 
1850  psia 
1. 064  #/sec 
80.  000  RPM 
80°F 
1825  psia 
2225 


TABLE  V.  GENERAL  COMPONENT  SPECIFICATION 


Component 

Specific  Speed 

Diameter 

(inches) 

Component  Efficiency 

Expected  Test 
Performance 

Best  State 
of  Art 
Prediction 

Turbine 

34.  0 

1.20 

0.72  -  0.73 

0.82 

Pump 

60.5 

0.  76 

0.66  -  0.  70 

0.86 

TABLE  VI.  FINAL  TURBINE  SPECIFICATIONS 

0.  30 


Degree  of  reaction 

Blade  number:  nozzle 
rotor 

Chord  length 
Surface  roughness 
Tip  clearance 
Trailing  edge  thickness 
Blade  height 


30 

38 

0.  106 

16-32  ^iinch 
0.  001  inches 
0.  002  inches 
0.  055  inches 


TABLE  VII.  PUMP  SPECIFICATIONS 


Degree  of  reaction 


0.60 


Number  of  vane  a:  rotor 

diffuse  r 


Impeller  blade: 


Inlet  diameter 


0.42 


Inlet  vane  height 


0.  043  inches 


Inlet  vane  angle 


20,  5* 


Discharge  diameter 


0.  76  inches 


Discharge  vane  height 


0.  023  inches 


Discharge  vane  angle 


Discharge  trailing  edge  thickness 


0.  002  -  0.  004  inches 


Diffuser  blade: 


Inlet  diameter 


0.  95  inches 


Inlet  vane  angle 


Discharge  diameter 


1.  33  inches 


Discharge  vane  angle 


Discharge  trailing  edge  thickness 


0.  002  -  0.  004  inches 
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operating  eccentricity  of  0.6,  the  bearing  load  carrying  capacity  per  square 
inch  of  bearing  projected  area,  P1 ,  is  found  to  be  0.  48  lbs  per  square  inch. 

If  (R/C)  is  now  increased,  the  load  carrying  capacity  also  increases  as 
shown  in  Table  VIII.  These  results  are  shown  graphically  in  Figure  16.  The 
divergence  between  incompressible  and  compressible  theories  is  seen  to 
occur  at  an  R/C  ratio  value  of  approximately  450,  corresponding  to  a  com¬ 
pressibility  factor  of  about  2.  0. 

The  bulk  modulus  of  the  supercritical  COg  is  extremely  high.  Defining 
the  bulk  modulus  as 


B  =  P(|~)T 

where  p  =  fluid  mass  density 

P  =  fluid  pressure,  and 

(  )-p  denotes  differentiation  at  constant  temperature 


the  CC>2  bulk  modulus  at  2000  psi  and  100°F  is  approximately  6200  psi.  This 
high  bulk  modulus  value  almost  assures  that  the  supercritical  CO2  bearing 
will  operate  well  within  the  incompressible  regime.  To  illustrate,  at  2000 
psi  and  100°F,  the  viscosity  of  CO2  is  6.  9  x  10"9  reyns.  If  the  bearing 
operates  at  8370  rad/sec  (80,  000  rpm)  with  an  R/C  ratio  of  a  relatively  high 
1250,  the  compressibility  factor  calculates  to  be 


A  = 


M*-  9  «  ■O'Jj  (8370)  (1250|Z 


.  088 


This  indicates  quite  clearly  that  incompressible  theory  would  definitely 
be  applicable.  The  ability  of  the  supercritical  CO2  bearing  to  exploit  this 
feature  would  depend  of  course  on  its  being  able  to  operate  with  relatively 
high  values  of  R/C.  The  usual  design  restriction  on  R/C  is  that  viscous  shear 
losses  in  the  bearing  increase  in  approximately  inverse  proportion  to  the 
average  film  thickness  so  that  high  values  of  R/C  tend  toward  high  viscous 
shear  losses.  However,  the  viscous  shear  losses  are  also  directly  propor¬ 
tional  to  the  fluid  viscosity  so  that  low  viscosity  tends  toward  low  viscous 
shear  losses.  The  viscosity  of  supercritical  CO2  in  relation  to  other  familiar 
fluids  is  given  in  Table  IX. 

In  the  discussion  of  the  actual  bearing  geometry  selection,  it  will  be 
shown  that  R/C  values  above  1000  appear  to  be  reasonable  for  the  super¬ 
critical  CO2  bearing. 

Another  aspect  of  the  high-pressure  CO2  employed  as  a  bearing  fluid  is 
that  the  operating  Reynold's  number  tends  to  infringe  on  the  laminar-turbulent 
boundary  as  defined  by  Taylor's  instability  criterion.  Very  little  work  has 
been  done  on  turbulent  bearings,  however,  the  experimental  work  reported  by 
Smith  and  Fuller  (Ref.  8)  and  the  analytical  treatment  given  by  Constaniinescu 
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TABLE  VIII.  AIR  BEARING  PERFORMANCE: 
COMPRESSIBILITY  FACTOR  AND  LOAD 
CARRYING  CAPACITY  AS  FUNCTIONS 
OF  RADIAL  CLEARANCE  RATIO 


R/C 

A 

P' 

100 

0. 10 

0.48 

150 

0.  23 

1.10 

200 

0.40 

1.88 

300 

0.90 

4.  01 

400 

1.60 

6.  70 

500 

2.  50 

9.  50 

600 

3.60 

12.  30 

800 

6.40 

16.00 

1000 

10.  00 

18.70 

1500 

22.  50 

20.90 

2000 

40.00 

21.60 

TABLE  IX.  VISCOSITY  CHARACTERISTICS 
OF  VARIOUS  FLUIDS 


Fluid 

Pressure 

Temperature 

Viscosity  in  reyns 

Air 

14.  7  psia 

70°F 

2.6x1  0"9 

C°2 

2000  psi 

1  00°F 

6.  9  x  10‘9 

Liquid  Freon 

— 

1  00°F 

30-90  x  10-9 

Water 

70°F 

145  x  10*9 

Mercury 

70°F 

217  x  10"9 

Olive  Oil 

— 

70°F 

14500  x  10”9 

S  AE  30 

— 

1  50°F 

36000  x  10-9 

- - —  —  —  ■  — 

33 


Comparison  of  Bearing  Load  Carrying  Capacity 
Incompressible  Theory  vs  Compressible  Theory 
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(Ref.  9)  indicate  that  the  consequence  of  operating  at  Reynold's  numbers  in 
excess  of  Taylor's  value  is  not  at  all  drastic  but  might  be  expected  to  result  in 
somewhat  higher  friction  factors  and  reduced  whirl- instability  resistance. 

The  complete  lack  of  test  and  operational  experience  with  supercritical 
C02  as  a  bearing  fluid  does  present  some  uncertainties  relating  to  the  be¬ 
havioral  aspects  of  the  fluid  as  a  dyn.  mic  load  carrying  film.  The  tenacity  of 
the  film  to  resist  rupture  is  of  major  importance.  It  would  be  expected  that 
surface  tension,  adhesive  properties,  shearing  rate,  minimum  film  thickness, 
shaft  and  stator  surface  conditions,  and  fluid  impurities  would  all  have  a  sig¬ 
nificant  influence  on  the  stability  of  the  load  carrying  film.  Specific  experi¬ 
mental  verification  of  the  supercritical  COz  bearing  design  will  be  necessary 
to  ensure  reliable  operation  of  the  test  CRU. 

A  list  of  radial  bearing  design  specifications  follows: 

1.  In  order  to  minimize  bearing  losses,  the  bearing  diameter 
should  be  as  small  as  possible.  However,  design  integration 
considerations  limit  the  bearing  diameter  to  0.  65  inch. 

2.  Consideration  of  overall  rotor  dynamics  (discussed  under  a 
separate  heading)  indicated  that  the  line-of-centers  bearing 
stiffness  should  be  5  x  105  lbs  per  inch. 

Note:  Half-frequency  whirl  stability  would  also  normally 
impose  a  minimum  bearing  stiffness  requirement.  However, 
in  a  rotor  system  designed  to  operate  subcritically,  i.e. , 
maximum  shaft  speed  is  below  the  first  resonant  frequency 
of  the  shaft,  bearing,  and  support  system;  the  required 
bearing  stiffness  is  greater  than  that  necessary  to  suppress 
the  half -frequency  whirl  instability.  (See  a  more  detailed 
discussion  under  Rotor  Dynamics.  ) 

3.  The  bearing  length  was  set  at  0.  75  inch  as  a  compromise 
between  controlling  end  leakage,  and  the  overall  design 
integration  considerations. 

4.  An  active  bearing  arc  of  160°  was  selected  so  that  a  hydro¬ 
static  loading  pocket  could  be  placed  in  opposition  to  the  load 
carrying  segment.  The  application  of  hydrostatic  pressure 
in  this  pocket  places  the  rotor  under  a  steady,  predetermined 
load  that  is  reacted  hydrodynamically  by  the  action  of  the 
radial  support  bearings.  The  bearing  will  then  operate  at  an 
eccentricity  corresponding  to  the  desired  line-of-centers 
bearing  stiffness.  Furthermore,  as  mentioned  previously, 
the  application  of  this  steady  load  will  also  serve  to  suppress 
the  half  frequency  whirl  instability  tendency. 

5.  The  nunimi'm  film  thickness  was  set  at  .  000100  inch.  With 
due  consideration  for  the  aforementioned  uncertainties  as  to 
the  stability  of  a  dynamic  supercritical  CO2  load  carrying 
film,  the  .  000100-inch  minimum  film  thickness  appears  to 
be  a  reasonable  selection. 
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With  these  requirements,  all  that  remains  is  to  find  the  particular  value 
for  the  bearing  radial  clearance  so  that  at  an  operating  eccentricity  corres¬ 
ponding  to  a  minimum  film  thickness  of  .  000100  inch,  the  line -of -centers 
spring  rate  is  5  x  105  lbs  per  inch.  After  several  trial-and-error  cuts,  a 
radial  clearance  of  .000260  inch  was  found  to  give  the  desired  results.  A 
summary  of  the  radial  bearing  geometry  and  operating  characteristics  are  as 
follows : 


Bearing  diameter  =  0.  65  inch 

Bearing  length  -  0.  75  inch 

Bearing  radial  clearance  =  0.000260  inch 

Fluid  average  viscosity  =  4.  95  x  10" 9  reyns  corresponding 

to  2000  psi  and  150°F 

R/C  ratio  =  1250 
Active  bearing  arc  =  160° 

The  bearing  performance  was  computed  from  the  design  charts  of  Boyd 
and  Raimondi  (Ref.  10). 

The  results,  shown  in  Figure  17,  are  as  follows: 

shaft  eccentricity  ratio  =  0.  60 

eccentricity  *  0.000160  inch 

minimum  film  thickness  =  0.000100  inch 

bearing  load  =  40  pounds 

bearing  attitude  angle  =  41° 

line-of-centers  load  =  30  pounds 

line-of-centers  stiffness  =  5  x  10^  lbs  per  inch 

viscous  shear  losses  =  24  watts 

The  thrust  bearing  will  react  a  rotor  axial  load  of  approximately  120  lbs 
at  maximum  power  conditions.  Due  to  the  30%  reaction  turbine,  the  rotor 
axial  load  will  be  decidedly  unidirectional  at  all  operating  conditions  so  that  a 
single  acting  bearing  will  suffice.  At  start-up,  the  rotor  will  be  positioned  in 
the  anti-thrust  direction,  i.e.  ,  toward  the  pump,  by  stationary  sapphire  con¬ 
tact  pins  located  on  the  pump-side  of  the  thrust  bearing  rotor.  (The  unit  will 
b«  mounted  vertically,  with  the  pump -end  down.  ) 

Although  a  design  point  load  of  120  pounds  for  the  approximate  one  square 
inch  of  effective  thrust  face  area  is  relatively  high  for  the  usual  self-acting 
gas  bearing,  the  favorable  properties  of  the  working  fluid,  e.g. ,  three-fold 
improvement  in  viscosity  and  an  extremely  high  bulk  modulus,  greatly  facil¬ 
itate  the  design  of  a  hydrodynamic  bearing. 
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Although  the  relative  advantages  and  disadvantages  of  hydrodynamic  and 
hydrostatic  bearings  are  numerous  and  well  known,  the  one  consideration  in 
the  instance  of  the  test  CRU  that  appears  to  be  decisive  in  favor  of  the  self-* 
acting  bearing  is  the  desirability  of  divorcing  the  bearing  performance  from 
the  head  developed  by  the  pump.  It  might  be  necessary  to  operate  the  test 
unit  under  conditions  which  would  materially  affect  the  performance  of  a 
hydrostatic  bearing.  A  self-acting  bearing  is  generally  tolerant  of  off-design 
circumstances  and  would  be  totally  independent  of  the  developed  pump  head. 


A  general  parametric  study  was  made  for  the  self-acting  thrust  bearing 
in  which  the  thrust  face  outer  diameter  was  varied  to  establish  the  effect  this 
has  on  the  load,  minimum  film  thickness,  and  the  viscous  power  loss  in  the 
bearing. 

The  factors  that  were  held  constant  for  the  analysis  are  as  follows: 


Thrust  face  inside  diameter 
Effective  fluid  viscosity 
Number  of  pads 
Rotational  speed 
End-to-end  pad  film  thicknes 


=  0.  70  inch 

-9 

*  6.85x10  reyns 
=  6 

=  80,  000  RPM 
ratio  =  2 


The  analysis  follows  the  classical  application  of  Reynold's  equation  to  the 
tapered  wedge.  Leakage  corrections  were  obtained  from  Theory  and  Practice 
of  Lubrication  for  Engineers  (Ref.  11). 

The  results  of  the  thrust  bearing  study  are  shown  in  Figure  18.  Having 
selected  a  minimum  film  thickness  of  .  0001 00  inch  at  the  design  point,  the 
thrust  face  outer  diameter  is  1.  50  inches,  and  the  fluid  film  viscous  power 
loss  is  178  watts.  At  the  design  point,  the  axial  spring  rate  of  the  thrust- 
bearing  is  23.6  x  105  pounds  per  inch.  This  compliance,  in  conjunction  with 
the  approximate  rotor  mass  of  1 . 8  pounds,  provides  an  acceptable  axial  mo¬ 
tion  natural  frequency  of  215,  000  cycles  per  minute. 


4.  ROTOR  DYNAMICS 


The  dynamic  design  of  a  Feher  cycle  engine  highlights  an  important 
advantage  of  the  concept.  The  extremely  compact  and  light  turbomachinery, 
combined  with  relatively  high  stiffness  radial  bearings  (a  consequence  of  the 
process  fluid  incompressibility)  makes  it  possible  to  design  a  subcritical  CRU 
rotor  system  in  the  10  kWe  power  class.  A  subcritical  rotor  system,  i.  e.  , 
the  maximum  rotor  speed  is  lees  than  the  lowest  resonant  transverse  fre- 
quency  of  the  rotor -bearing -support  dynamic  system;  has  several  distinct 
advantages  including: 

1.  Flexibility  to  safely  operate  steady-state  at  any  shaft  speed 
up  to  maximum  speed, 

2.  Lateral  shaft  motions  are  minimized  thereby  permitting 
minimum  turbine  tip  clearance  provision. 
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The  feature  of  being  able  to  operate  eafely  at  all  speeds  below  the  maxi¬ 
mum  speed  is  of  particular  importance  in  the  case  of  an  experimental  machine 
in  that  initial  operation  will  undoubtedly  occur  at  reduced  speeds  in  order  to 
avoid  catastrophic  failures  at  the  outset  of  the  program.  Furthermore, 
engine  performance  at  reduced  speeds  might  be  useful  to  the  conduct  of  the 
research  and  development  effort. 

The  usual  approach  in  other  CRU  designs  that  employ  process  fluid 
bearings  is  to  design  a  supercritical  rotor  dynamic  system.  In  this  case,  the 
rotor  maximum  speed  is  well  above  the  lowest  transverse  resonant  freouency 
of  the  system.  Indeed,  in  ordter  to  obtain  a  region  of  sufficient  separation 
between  adjacent  modal  shape  resonant  frequencies,  it  is  often  found  neces¬ 
sary  to  adjust  the  stiffness  of  the  bearings  so  that  normal  operation  occurs 
between  the  second  modal  shape  and  the  first  rotor  bending  frequency.  The 
development  problems  associated  with  supercritical  dynamic  systems  are 
well  known.  The  source  of  the  difficulties  are  likely  to  stem  from  one  or 
more  of  the  following: 

1.  Inability  to  accurately  tune  the  system  for  the  safe  operational 
regime  due  to  the  multitude  of  influencing  factors. 

2.  Even  momentary  period#  of  operation  (as  when  accelerating 
to  design  speed)  at  or  near  a  system  critical  speed  cap  result 
in  bearing  damage  and  harmful  rotor  deflections. 

3.  A  low  natural  frequency  system  is  susceptible  to  dangerous 

,  vibrations  that  might  be  excited  by  unexpected  sources  such 
as  fluid  pressure  pulses,  or  resonances  in  adjoining  structures. 

;  ■  !  (N  ;•  '  ■.  I  ■  : 

Note:  These  would  be  true  resonant  vibratory  motions  where¬ 
as  the  previous  references  to  subcritical  and  supercritical  V 
frequencies  were  concerned  w:th  the  shaft  instability  which 
is  usually  identified  as  shaft  criticals.  The 'Shaft  assumes 
a  modal  shape  which,  without  damping,  wilT increase  the 
amplitude  of  the  modal  shape  deflection  until  failure  occurs* 

However,  even  with  sufficient  damping  to  prevent  failure, 
the  deflected  rotor  will  produce  out •‘of-balapce  loads  which 
rotate  at  rotor  speed.  It  is  these  loads,  and  the  vibration 
they  produce,  that  are  often  the  undesirable  rSSults  Of  oper¬ 
ating  at  or  near  a  shaft  critical.  The  confusion  concerning 
shaft  criticais  arid  vibratory  phenomena  is  pf  course  due  to 
the  fact  that  numerically,  the  shaft  criticais  are  identical 
to  the  corresponding  modal  shape' transverse  resonant 
frequencies.  ,  ’  v  ’  '  ' 

In  addition  to  the  high  stiffness  bearings  (see  the  discussion  of  the  process 
fluid  bearings  under  a  separate  heading)  and  the  lightweight  turbomachinery, 
it  waa  neceaaary  to  consider  rotor  dynamica  in  the  optimization  of  the  alternator. 
The  alternator  subcontractor  performed  several  design  iterations  that  led  to 
the  adoption  of  a  relatively  abort  rotor  configuration  that  required  very  little 
compromise  on  other  performance  and  design  considerations.  The  shortened 
rotor  greatly  facilitated  the  design  Of  the  subcritical  rotor  system.  A 
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simplified  analytical  approach  was  used  to  establish  the  rotor  system  critical 
speeds.  The  Rayleigh  Principle  was  used  to  establish  an  approximate  third 
critical  (rigid  supports)  for  the  distributed  mass -variable  stiffness  rotor. 
With  this  value,  an  equivalent  constant  diameter  shaft  of  the  same  length  and 
the  same  third  critical  was  computed.  The  dynamic  model  of  the  rotor 
system  was  then  established  as  this  constant  diameter  shaft  on  elastic  sup¬ 
ports.  The  solution  for  this  system  is  (see  as  an  example  Reference  12): 


where 


E  =  shaft  modulus  of  elasticity,  psi 

4 

1  =  shaft  moment  of  inertia,  (inches) 

K  =  bearing  stiffness,  lbs  per  inch 
W  =  1/2  shaft  weight,  lbs 

U>  =  natural  frequency  of  the  system,  radians  /sec 
L  =  shaft  length,  inches 


The  transcendental  functions  were  solved  graphically.  The  results  are 
shown  in  Figure  19  for  various  values  of  the  bearing  stiffness.  At  the  design 
point  bearing  stiffness  of  5  x  10^  pounds  per  inch,  the  first  critical  speed  is 
135,000  RPM.  Since  the  maximum  rotor  speed  is  80,000  RPM,  sufficient 
margin  is  indicated  to  accommodate  unrecognized  compliances,  over-speeds, 
bearing  performance  uncertainties,  and  a  comfortable  displacement  from  the 
high  response  zone  of  the  amplification-frequency  spectrum. 


In  the  final  design,  a  more  precise  critical  speed  determination  will  be 
made  in  which  an  accounting  of  other  structural  compliances  will  be  included. 
The  Douglas  Missile  and  Space  Systems  Division  computer  program  library 
has  available  a  program  to  handle  up  to  800  discrete  mass  points  for  a 
lumped -parameter  type  computation  of  the  critical  speeds. 


A  very  common  form  of  rotor  instability  in  high  speed  turbomachinery 
that  use  fluid  bearings  is  an  orbiting  motion  of  the  rotor  about  the  geometric 
rotor  centerline  at  a  frequency  equal  to  about  one -half  rotor  shaft  speed. 
This  orbiting  motion  tends  to  be  divergent  leading  to  severe  unbalance  loads 
and  bearing  failure.  At  the  co>  t  of  bearing  complexity,  this  whirling  tend¬ 
ency  can  be  suppressed  by  emi-ioying  pivotable  load  pads,  Rayleigh  steps, 
rotor  motion  dampers,  and  other  schemes  to  prevent  the  divergence 
phenomenon. 
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Figure  19.  Rotor  Critical  Speeds  vs  Bearing  Stiffness 


Another  method  for  preventing  the  half-frequency  whirl  instability  is  to 
supply  static  load  to  the  bearing  so  that  in  its  steady- state  operation,  the 
bearing  develops  sufficient  stiffness  in  relation  to  the  rotor  mass  that  the 
system  is  stable. 

Note:  As  a  broad  generalization,  but  reasonably  accurate 
approximation,  the  bearing  stiffness,  K,  is  given  by: 


K  =  lbs  per  inch 

where  W  =  bearing  load  in  lbs 

C  =  bearing  radial  clearance  in  inches. 

The  application  of  a  steady  load  has  been  incorporated  in  the  bearing  design 
(described  in  detail  under  Bearings)  for  the  purpose  of  stiffening  the  bearing 
so  that  the  rotor  system  could  be  designed  to  be  subcritical.  It  will  be  shown 
that  a  subcritical  rotor  design  will  necessarily  involve  a  sufficiently  stiff 
bearing  that  half-frequency  whirl  instability  is  prevented. 

Consider  a  simple  flexible  shaft  supported  by  a  flexible  bearing.  It  can 
be  shown  (see  as  an  example  Reference  14)  that  the  first  critical  speed,  U)c, 
is  approximately  given  by: 
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where  Kg  =  bearing  stiffness 
Kg  =  shaft  stiffness, 

M  =  rotor  mass  per  bearing 

Clearly,  if  the  shaft  stiffness  was  infini  jly  high, 
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and  that  for  Kg  <  ®, 
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the  first  critical  is  even  less  than 


From  Reference  14,  the  expression  for  the  half-frequency  whirl  threshold 
spaed  is 
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which,  for  any  combination  of  stiffnesses  will  produce  a  higher  speed  than  the 
first  critical  shaft  speed.  In  summary,  the  hydrostatic  loading  of  the  process 
fluid  bearing  intended  to  provide  a  subcritical  rotor  system,  will,  at  the  same 
time,  prevent  ha  If- frequency  whirl  instability. 

5.  ALTERNATOR  ANALYSIS  AND  PRELIMINARY  DESIGN 

The  alternator  design  and  analysis  was  performed  by  the  Los  Angeles 
Division  of  North  American  Rockwell  Corporation  under  purchase  order  No. 
7A-899081  from  the  McDonnell  Douglas  Corporation. 

The  work  performed  by  the  subcontractor  in  support  of  the  10  kW  CRU 
Preliminary  Design  Task  is  as  follows: 

1.  Conduct  parametric  studies  of  the  alternator  performance  to 
obtain  maximum  overall  efficiency  (electrical  plus  viscous 
drag  effects)  consistent  with  interface  constraints, 

2.  Cooperate  with  MDC  to  establish  mutually  compatible  inter¬ 
faces, 

3.  Perform  a  thermal  analysis  of  the  alternator  for  various 
boundary  and  cooling  flow  conditions  so  that  environmental 
requirements  could  be  established, 

4.  Prepare  a  test  plan  for  the  alternator  which  includes  check¬ 
out  at  the  subcontractor's  facility,  calibration  and  determi¬ 
nation  of  electrical  losses,  and  initial  testing  in  C02  which 
is  to  be  done  at  Astropower. 

The  major  constraint  imposed  by  MDC  on  the  alternator  configuration 
was  to  press  for  a  sufficiently  short  rotor  so  that  a  subcritical  rotor  system 
could  be  designed  (see  Section  4  —  Rotor  Dynamics).  After  several  trials, 
the  subcontractor  was  able  to  propose  a  shortened  rotor  configuration  that 
involved  a  negligible  drop  in  overall  efficiency,  and  an  inconsequential  in¬ 
crease  in  housing  diameter  and  weight.  This  configuration  was  adopted  and 
incorporated  in  the  CRU  design  described  in  Section  8  —  Design  Integration. 

A  potentially  difficult  and  complex  interface  was  avoided  by  adopting  a 
through-bolt  rotor  design  so  that  the  alternator  rotor  did  not  directly  influ¬ 
ence  either  bearing  performance  or  turbomachinery  positioning.  Further¬ 
more,  the  alternator  housing  was  made  nonstructural  by  employing  an  outer 
shell  (MDC  responsibility)  which  provides  the  structural  coupling  between 
the  two  rotor  bearing  supports.  These  features  are  described  in  detail  in 
Section  8  —  Design  Integration. 

The  results  of  the  thermal  analysis  conducted  by  the  alternator  sub¬ 
contractor  indicated  that  the  water  coolant  loop  could  be  eliminated.  The 
alternator  will  be  cooled  by  maintaining  a  250°F  environment  in  the  vicinity 
of  the  alternator  housing,  and  by  directing  small  quantities  of  low  tempera¬ 
ture  process  fluid  to  heat  generation  locations  within  the  alternator.  The 
primary  objection  to  the  water  cooling  is  that  unnecessarily  severe  thermal 
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gradients  might  induce  structural  problems  in  the  CRU,  and  in  addition,  the 
water  plumbing  is  subjected  to  an  1800  psi  differential  which  complicates  the 
design  of  the  coolant  system  and  introduces,  to  some  degree  at  least,  a 
potential  problem  source. 

The  balance  of  the  material  presented  in  this  section  has  been  extracted, 
without  change,  from  the  subcontractor's  final  report  to  MDC.  The  drawing 
of  the  alternator  assembly,  Figure  27,  does  not  reflect  the  decision  to  elim¬ 
inate  the  water  cooling.  In  addition,  the  means  for  attaching  the  alternator 
assembly  to  the  CRU  structure  is  not  shown  but  is  included  in  Section  8  — 
Design  Integration. 

a.  Alternate  Generator  Types 

An  evaluation  was  made  of  the  design  features  and  operational  capa¬ 
bilities  of  the  basic  alternator  types  suitable  for  high  speed,  high  efficiency 
operation  in  a  CO2  environment.  A  review  of  the  advantages  and  disadvantages 
of  the  types  of  machines  considered  is  given  below. 

(1)  Wound -Rotor  Machines 

Wound-rotor,  rotating  rectifier  machines  are  not  suitable  for 
direct  connection  to  high-speed  turbines  because  of  relatively  low  peripheral 
speed  limits  imposed  by  field  winding  structural  and  balance  limitations. 
Peripheral  speeds  are  limited  to  less  than  400  feet  per  second  (approximately 
900  feet  per  second  is  required  for  direct  connection  at  80,  000  rpm)  and  as 
such  require  the  use  of  a  gearbox  between  the  engine  and  generator.  The 
gearbox  forces  a  substantial  weight  and  volume  penalty  undesirable  for  com¬ 
pact  lightweight  power  systems.  Furthermore,  the  added  gearbox  losses  due 
to  operation  in  a  CO2  environment  would  reduce  the  system  efficiency.  Also, 
reliability  is  decreased  because  of  gearbox  problems  and  little  opportunity  is 
available  for  improvement  in  second  generation  systems.  The  wound  rotor 
alternator  was  not  selected  for  these  reasons. 

Solid-rotor  alternators  have  the  capability  of  high  peripheral 
speeds  and  offer  the  best  potential  for  the  intended  application. 

(2)  Solid-Rotor  Machines 

Permanent  magnet,  reluctance,  hysteresis,  and  induction  alter¬ 
nators,  although  brushless,  are  considered  inherently  unsuitable  for  the  fol¬ 
lowing  basic  reasons.  Permanent  magnet  alternators  have  poor  regulation 
characteristics,  tend  to  be  large  because  of  low  flux  densities,  and  are 
difficult  to  fabricate  with  the  structural  integrity  required  for  operation  at 
high  speed.  Reluctance,  hysteresis,  and  induction  generators  are  capable  of 
supplying  real  power  only,  and  must  receive  reactive  sower  for  excitation 
sources  from  a  separate  supply.  These  types,  therefore,  are  excluded  from 
further  consideration  because  of  added  capacitor  weight. 

The  family  of  alternator  types,  which  includes  the  Inductor, 
Lundell,  Inductor -Lundell,  and  the  NADYNE  alternator,  generally  receive 
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consideration  for  applications  requiring  long  life  and  high  reliability.  Figure 
20  shows  the  basic  schematics  of  these  machines.  The  entire  family  is  pre¬ 
dominantly  marked  by  the  generation  of  field  flux  in  a  field  coil  mounted  as 
part  of  the  stator,  with  the  flux  transferred  into  the  rotor  across  an  air  gap. 
Generation  of  field  flux  in  this  way  permits  windings  to  be  removed  from  their 
classic  position  on  each  pole  of  the  rotor,  thus  eliminating  all  conductors, 
insulators,  brushes,  slip  rings,  or  rotating  rectifiers  from  the  rotor,  with  a 
subsequent  elimination  of  many  problem  areas  that  certainly  would  lower 
reliability. 

(a)  Inductor  Machine 

The  inductor  machine  (double  hemipolar  design)  has  a  par¬ 
ticularly  simple  rotor  construction  that  is  well  suited  to  high  speed  and  high 
temperature.  In  this  design,  the  field  windings  are  mounted  in  a  central 
location  on  the  stator.  The  magnetic  flux  follows  low  reluctance  paths  through 
the  stator  into  a  rotor  body,  and  into  the  stator  through  a  second  pole.  At 
each  pole,  the  flux  alternates  from  essentially  zero  to  full  north  or  south, 
respectively.  Magnetic  steel  is  utilized  to  only  half  of  its  capacity  in  either 
positive  or  negative  flux  direction  (but  not  both)  and,  therefore,  nearly  twice 
as  much  magnetic  material  is  required  as  is  theoretically  possible.  The 
longer  parts  result  in  increased  weight  and  size  in  addition  to  a  low  efficiency. 
Low  efficiency  is  brought  about  by  three  factors:  increased  copper  losses, 
increased  windage  losses,  and  increased  core  losses.  All  three  are  a  direct 
result  of  a  long  stator  and  rotor.  An  important  aspect  of  this  type  of  machine 
is  that  the  total  number  of  poles  are  split  between  each  end  of  the  rotor.  That 
is,  a  four-pole  machine  has  two  poles  at  each  extremity  of  the  rotor  and  six- 
pole  machine  has  three.  Accordingly,  dynamic  and  static  balance  are  in¬ 
herent  in  the  rotor  except  when  two  poles  are  used.  This  machine  is  the 
heaviest  of  the  solid  alternators  and  the  least  efficient  per  pound  of  machine 
weight.  It  is  discarded  because  of  these  characteristics. 

(b)  Lundell  Machine 

The  pure  Lundell  configuration  (Figure  20),  which  has  ad¬ 
vantages  in  some  applications,  has  the  disadvantage  of  high  field  leakage,  and 
the  subsequent  high  weight  per  kilovolt-ampere  which  results.  The  high  rotor 
leakage  also  has  adverse  effects  on  transient  performance  and  voltage  re¬ 
covery  times  because  of  the  magnetomotive  force  difference  between  the 
armature  and  the  frame.  A  variation  of  the  basic  design,  the  inside-coil 
Lundell,  or  Bechy  Robinson  machine,  has  stationary  field  coils  mounted  in¬ 
side  a  cantilevered  section  of  the  rotor.  This  machine  is  close  cousin  of 
the  NAtDYNE  machine  bu.  the  latter  design  greatly  reduces  leakage.  The 
cantilevered  field  poles  also  cause  a  substantial  rotor  overhang  which  seri¬ 
ously  limits  maximum  peripheral  speed.  The  maximum  peripheral  speed  for 
this  machine  is  on  the  order  of  500  feet  per  second  which  is  less  than  that 
required  for  the  imposed  application.  It  is  rejected  for  this  reason. 

(c)  Inductor -Lundell 

The  Inductor -Lundell  design  combines  the  features  of  a  pure 
Lundell  and  an  Inductor.  The  basic  scheme  can  be  seen  from  Figure  20. 
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Figure  20.  Generator  Principles 


This  type  of  machine  has  an  inductor  section  at  each  end  of  the  shaft,  and  a 
Lund  ell  section  in  the  center.  At  each  end  of  the  rotor,  voltage  is  induced  in 
the  conductor  by  a  magnetic  flux  alternating  from  a  given  value  to  zero.  The 
plus -flux  (or  north  pole)  is  on  one  end,  and  the  minus -flux  (south  pole)  on  the 
other.  At  each  end,  the  Inductor -Lunde  11  also  utilizes  only  half  of  the  capacity 
of  the  magnetic  steel.  However,  in  the  Lundell  section,  the  voltage  in  the 
stator  conductors  is  induced  by  a  flux  alternating  from  plus  (north)  to  minus 
(south)  and  the  magnetic  steel  is  utilized  to  full  capacity.  Combining  the 
Inductor  and  Lundell  characteristics  onto  one  rotor  allows  the  relatively  high 
leakage  flux  of  the  Lundell  section  to  be  utilized  in  the  inductor  section,  and 
also  eliminates  parasitic  air  gaps.  The  major  disadvantage  of  the  design  is 
that  the  poles  are  overhung,  thus  introducing  more  mass  to  be  acted  on  by 
centrifugal  force  and  the  high  losses  associated  with  the  long  rotor  and  three 
stators.  Its  weight  is  somewhat  less  than  an  inductor  but  considerably  higher 
than  the  NADYNE. 

(d)  NADYNE  Machine  (Synchronous  Inductor) 

The  basic  configuration  of  the  NADYNE  is  shown  in  Figure 
21.  The  solid  rotor  is  a  completely  smooth  cylinder  of  revolution  containing 
both  north  and  south  poles  separated  by  a  nonmagnetic  material. 

The  NADYNE  machine  generates  voltage  in  the  same  manner 
as  the  conventional  salient  pole  wound  field  generator.  A  magnetic  field  of 
alternate  north  and  south  polarity  is  rotated  mechanically  past  the  generator 
conductors,  thus  generating  a  voltage  in  the  stator  conductors  by  causing  a 
change  in  the  flux  linkages  of  the  conductors  as  a  function  of  time,  or  a  volt¬ 
age  introduced  by  the  rate  of  cutting  flux  lines.  The  stator  of  the  generator 
is  of  conventional  design.  The  same  design  formulas  useful  for  good  stator 
design  of  synchronous  generators  is  applicable  as  the  method  of  generator 
output  power  is  identical  in  both  types  of  generators. 

The  magnetic  circuit  of  the  stator  section  of  tne  generator 
is  also  identical  to  the  conventional  synchronous  generator  stator.  The  exci¬ 
tation  magnetic  circuit  is  different  and  is  designed  to  remove  all  excitation 
coils  from  the  rotor  of  the  generator,  the  magnetic  circuit,  and  flux  path. 

The  flux  path,  starting  from  the  concentric  gap  of  the  right-hand  pole,  is 
across  the  gap  and  then  axially  towards  the  center  of  the  rotor.  It  divides 
equally  between  the  number  of  like-poles  and  then  travels  across  the  rotor 
pole  gap  to  the  stator  iron.  In  the  stator  iron  it  has  two  possible  return  paths; 
one  through  the  stator  yoke  to  the  opposite  polarity  rotor  pole,  and  the  other 
through  the  magnetic  frame.  As  the  rotor  is  turning  during  operation,  the 
least  resistant  flux  path  is  through  the  laminated  stator  yoke  iron;  the  frame 
being  solid  offers  higher  reluctance  to  a  changing  flux  than  the  laminated 
stator  iron.  Therefore,  the  flux  path  is  through  the  stator  yoke  and  across 
the  air  gap  to  the  polarity  rotor  pole.  The  flux  will  then  continue  axially  to 
the  left  end  of  the  rotor  and  return  through  the  concentric  gap  to  the  left  field 
pole  and  then  to  the  magnetic  frame.  In  the  magnetic  frame  the  flux  flows 
axially  to  the  right-hand  field  pole  completing  its  circuit  in  the  pole  at  the 
concentric  gap.  The  rotor  flux  rotates  with  the  rotor  and  under  steady-state 
conditions  is  of  constant  magnitude  and  unchanging.  This  is  the  same  as  the 
flux  in  the  rotor  of  a  wound  field  salient  pole  generator. 
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The  frame  end  pole  flux  under  steady-state  conditions  is  of 
fixed  magnitude  and  unchanging  in  the  poles  and  frame.  The  flux  transition 
from  rotating  to  non-rotating  takes  place  at  the  pole  annular  air  gaps.  As  the 
pole  gap  is  concentric,  the  flux  density  is  constant  around  the  periphery  of 
the  rotor  pole,  and  the  rotor  pole  does  not  see  a  varying  flux  under  steady- 
state  conditions;  therefore,  a  power  loss  is  not  induced  in  the  rotor  at  the 
field  gap.  The  magnetomotive  force  (MMF)  is  produced  by  a  direct  current 
flowing  in  the  field  coils  located  on  each  end  as  shown  in  Figure  21.  One  coil 
is  used  for  each  polarity  and  a  single  coil  will  excite  the  total  number  used 
for  each  polarity.  The  field  coils  are  fixed  to  the  stationary  parts  and  do  not 
rotate  with  the  rotor.  The  poles  and  frame  are  made  from  magnetic  material. 
The  areas  of  the  materials  in  a  plane  perpendicular  to  the  flux  path  are 
designed  sufficiently  large  to  carry  the  total  flux  per  magnetic  polarity  plus 
all  leakage  fluxes  without  saturating  the  magnetic  materials.  The  flux  distri¬ 
bution  is  such  that  the  magnetic  forces  acting  on  the  rotor  poles  are  equal  and 
opposite.  Therefore,  the  magnetic  forces  cancel  and  do  not  impose  unbal¬ 
anced,  mechanical  forces  on  the  generator  bearings.  This  balanced  condition 
exists  regardless  of  the  number  of  poles. 

Table  X  is  a  qualitative  summary  of  the  four  solid -rotor 
alternator  types,  using  the  NADYNE  alternator  characteristics  as  a  base. 

Figure  22  is  a  photograph  of  an  11  kW  80,000  RPM  NADYNE 
alternator  rotor.  This  rotor  has  been  successfully  spin  tested  to  130,000 
RPM.  The  stator  and  housing  are  shown  in  Figure  23. 

b.  Power-Speed  Trade  Off  Study 
(1)  Computer  Program 

There  are  many  design  factors  which  influence  the  alternator 
performance  characteristics.  Each  of  the  factors  which  affect  a  given  speci¬ 
fication  requirement  must  be  considered  in  relation  to  its  effects  on  other 
performance  requirements.  Table  XI  lists  the  important  generator  design 
variables  together  with  a  brief  statement  describing  the  generator  or  elec¬ 
trical  system  characteristic  most  affected  by  the  design  variable.  For 
example,  design  variable  number  12,  radial  gap,  will  have  a  strong  effect  on 
the  value  of  X<i  (Direct  Axis  Synchronous  Reactance),  no  load  pole  face  losses, 
the  amount  of  field  power  required  to  excite  the  generator,  and  the  amount  of 
rotor  leakage  flux.  Since  the  radial  gap  has  a  strong  effect  on  the  value  of 
"X«j"»  it  also  affects  generator  weight,  efficiency,  voltage  regulation,  short 
circuit  and  voltage  transients.  Each  of  these  in  turn  has  its  own  effects  on 
design  and  performance.  Since  most  of  the  design  variables  are  interrelated 
like  the  illustration  above,  the  determination  of  the  effect  of  one  variable  on 
the  others  can  only  be  accomplished  with  the  aid  of  a  comprehensive  computer 
program.  A  North  American  Rockwell  developed  "NADYNE  Epcode  Program" 
is  such  a  program  and  has  been  used  to  obtain  the  parametric  data  of  this 
report. 

Epcode  is  a  generalized  control  program,  designed  specifically 
for  machine  design.  It  is  equipped  with  its  own  command  language  and 
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TABLE  X.  PERFORMANCE  SUMMARY 


Nadyne 

Inductor 

Inductor 

Lundell 

Lundell 

Stator  Conductor  Loss 

1.  0 

1.  5 

1.6 

1.0 

Stator  Iron  Loss 

1.  0 

1.7 

1.  5 

1.1 

Excitation  Conductor  Loss 

1.  o 

1.  5 

1.5 

1.7 

Rotor  Drag  Loss 

1.  0 

8.  0 

7.  0 

1.0 

Rotor  Pole  Face  Loss 

1.0 

1.  5 

1.3 

1.2 

Weight 

1.  o 

1.8 

1.6 

1.2 

tvttrs 

Figure  23.  11  kW  Stator  and  Housing  Assembly 
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TABLE  XI,  LIST  OF  PRIMARY  DESIGN  VARIABLES 


Design  Variable 
1.  Rotor  Speed 

Z.  Frequency 
3.  Voltage 


4.  Flux  Densities 

5.  Current  Densities 

6.  Number  of  Poles 


7.  Pole  Embrace 


8.  Rotor  O.  D. 

9,  Rotor  Length 

10.  Useful  Flux  Ratio 

11.  Direct  Axis  Synchronous 
Reactance  "X^" 


12.  Radial  Gap 

13.  Load  Power  Factor 

14.  Fractional  Slot  or 
Integral  Slot  Windings 

15.  Pitch  Factor 

16.  Slot  Skew 


Primary  Characteristics  Affected 

Rotor  stress,  no-load  and  load  pole 
face  losses,  windage  loss,  weight, 
efficiency 

Weight,  efficiency,  load  pole  face 

loss 

Insulation  thickness,  slot  space 
factor,  probability  of  voltage  break¬ 
down,  corona,  line  current,  weight, 
efficiency 

Weight,  magnetic  losses,  field  power 

Conductor  operating  temperature, 
slot  size,  copper  losses 

Direct  axis  synchronous  reactance 
"X4,  "  depth  behind  slot,  magnetic 
force  imbalance,  length  cf  end 
extension 

Depth  behind  slot,  stack  length,  use¬ 
ful  flux  ratio,  rotor  stress,  amplitude 
of  fundamental  flux  component,  form 
factor 

Rotor  stress,  no  load  and  load  pole 
face  loss,  windage  loss 

Rotor  dynamics 

Weight,  efficiency 

Load  pole  face  loss,  v/eight,  efficiency, 
field  power,  voltage  transients,  volt¬ 
age  regulation,  short  circuit  currents, 
parallel  operation  stability,  voltage 
unbalance 

Direct  axis  synchronous  reactance 

Weight,  efficiency,  voltage  regulation 

Load  pole  face  loss,  electrical 
interference 

Voltage  harmonic  content,  weight, 
end  extension  length,  efficiency 

Slot  harmonic  amplitude,  load  pole 
face  loss,  ease  of  development  with 
rigid  insulation  systems 

(continued) 
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TABLE  XI.  UST  OF  PRIMARY  DESIGN  VARIABLES  (concluded) 


Design  Variable 

17.  Open  or  Closed  Slot 


18.  Slot  Fill  Factor 
(ratio  of  copper  area 
to  slot  area) 

19.  Conductor  Insulation  Thickness 
and  Slot  Cell  Thickness 

20.  Phase  Separator  Thickness 

21.  Round  or  Rectangular 
Conductors 

22.  Degree  of  Phase  Belts 

23.  Ratio  of  Tooth  Width  to 
Slot  Pitch 

24.  Armature  Stacking  Factor 

25.  Armature  Lamination 
Thickness 

26.  Flux  Leakage  Factor 

27.  Field  Winding  Clearances 

28.  Resistivity  and  Permeability 
of  Pole  Face  Material 

29-  Field  Winding  Thermal 
Conductivity 

30.  Thermal  conductivity  of 
material  in  slot  clearances  or 
contact  conductivity  of  slot  insu 
lation  and  armature  magnetic 
material 

31.  Thermal  Conductivity  of 
Armature  Conductor 

32.  Pole  Face  Losses 

33.  Material  Properties 
(in  general) 


Primary  Characteristics  Affected 

Leakage  reactance,  no  load  pole  face 
loss,  ease  of  inserting  armature 
conductors 

Weight,  rotor  O.  D.  ,  slot  heat 
transfer 

Slot  space  factor,  probability  of  volt¬ 
age  breakdown,  slot  heat  transfer 

Slot  space  factor,  probability  of 
breakdown,  leakage  reactance 

Slot  space  factor,  field  windage  size 

Voltage  wave  form  (harmonic  content) 
weight,  magnetic  losses,  load  pole 
face  loss 

Stack  length,  weight,  depth  behind 
slot,  no  load  pole  face  loss 

Stack  length,  rotor  length,  weight 

Magnetic  losses,  stacking  factor, 
ease  of  development  handling 

Weight,  copper  loss,  rotor  length, 
leakage  reactance 

Weight 

No  load  and  load  pole  face  losses 

Field  cooling  configuration 

Stator  cooling  configuration, 
conductor  operating  temperature 


End  extension  cooling  configuration, 
end  extension  hot  spot  temperature 

Rotor  cooling  configuration,  ease  of 
development 

Feasibility,  v  eight,  size,  losses, 
internal  temperatures 
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designed  for  operating  within  the  Fortrin  computer  system.  Basically,  it 
relieves  the  machine  designer  of  all  computer  programming  chores  once  the 
basic  arithmetic  calculation  routines  ave  coded  and  checked-out.  It  is  most 
effective  in  handling  up  to  several  hundred  individual  parameters  which  must 
each  be  iterated  independently  of  one  another  to  determine  their  effect  on  the 
entire  design. 

(2)  Analysis  Procedure 

Using  the  Nadyne  Epcode  computer  program,  trade-off  data  for 
5.  5  kW,  8  kW,  and  10  kW  Nadyne  alternators  have  been  investigated  as  a 
function  of  speed.  Machines  were  optimized  for  each  power  level  above  at 
20,000  RPM  increments  starting  at  60,  000  RPM  to  obtain  the  curves  shown 
in  Figures  27  and  28.  Many  of  the  design  variables  shown  in  Table  XI  are 
held  constant  for  each  particular  design  such  as  material  properties,  pitch 
factor,  pole  embrace,  etc.  and  others  must  be  established  by  iterations. 

Four  variables  that  most  influence  the  size  and  performance  of  the  design  are 
the  rotor  diameter,  stator  air  gap  flux  density,  stator  current  density,  and 
the  ratio  of  field  ampere  turns  to  stator  ampere  turns.  These  parameters 
are  individually  iterated  along  with  several  others  to  obtain  the  optimum 
machine.  Each  machine  selected  to  obtain  the  trade-off  curves  must  not  only 
be  optimized  for  weight  and  efficiency  but  also  for  reactance,  flux  leakages, 
and  saturation. 

As  an  example,  the  design  procedure  followed  to  obtain  the  5.  5 
kW,  2  pole  alternator  at  60,  000  shown  in  Figure  27  will  be  discussed.  Ma¬ 
chine  ratings  such  as  power  level,  speed,  frequency,  voltage,  etc.  are  estab¬ 
lished  along  with  fixed  Nadyne  alternator  parameters  based  on  experience 
and  past  designs.  The  rotor  diameter  was  iterated  independently  to  establish 
its  relationship  to  the  stator  leakage  reactance.  Too  large  a  leakage  reactance 
may  result  in  saturation  of  the  machine  iron  causing  less  than  a  rated  power 
output.  Figure  24A  is  a  plot  of  the  leakage  reactance  versus  rotor  diameter. 
From  past  experience,  it  was  established  that  the  leakage  reactance  should 
be  less  than  .  40  per  unit.  This  requirement  set  the  minimum  rotor  diameter 
at  1.25  inches.  Larger  rotor  diameters  produced  more  favorable  leakage 
reactances  but  would  also  unfavorably  increase  the  rotor  drag  losses.  Figure 
24B  is  a  trade-off  plot  of  flux  leakage  factor  to  air  gap  length.  Smaller  air 
gaps  result  in  a  lower  more  favorable  flux  leakage  factor  which  is  desirable 
in  order  to  minimize  the  magnetic  cross  sectional  areai  of  the  machine  and 
also  minimize  the  heating  losses  of  the  field.  The  disadvantages  of  the 
smaller  air  gap  however,  are  (1)  larger  synchronous  reactance  which  reduces 
the  amount  of  short  circuit  current  for  fault  clearing  and  (2)  increased  rotor 
drag  losses.  As  a  compromise,  the  air  gap  was  established  at  .  04  inch. 

Stator  current  density  and  air  gap  flux  density  also  greatly  affect  the  size  and 
performance  of  the  alternator.  Figure  25A  shows  the  effect  of  stator  current 
on  weight  and  efficiency.  Since  efficiency  for  this  application  was  of  greater 
importance  than  weight,  the  optimum  current  density  was  selected  at  4000 
amps  per  sq.  in.  Current  density  below  4000  amps  per  sq.  in.  may  have 
resulted  in  slightly  higher  efficiencies,  however,  the  machine  weight  increased 
severely.  Figure  25- B  demonstrates  that  efficiency  reaches  a  maximum  at 
an  air  gap  flux  density  of  40  K-lines  per  in. 2;  increasing  the  air  gap  flux 
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Figure  25.  5.5  kW  2-Pole  Nadyne  Alternator 
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density  further  produced  increased  rotor  pole  face  losses  which  lowered  the 
efficiency. 


These  are  a  few  of  the  most  influential  parameters  that  affect 
the  alternator  size  and  performance  which  must  be  evaluated  before  estab¬ 
lishing  optimum  preliminary  machines.  This  procedure  was  repeated  at 
80,000  RPM,  100,000  RPM,  120,000  RPM,  and  140,000  RPM  to  obtain  the 
curves  shown  in  Figure  27. 

(3)  Alternator  Pole  Selection 

Figures  27  and  28  show  optimized  two  and  four  pole  Nadyne 
alternators  plotted  as  a  function  of  speed.  From  these  curves  it  can  be  seen 
that  the  two  pole  machines  are  between  2  -  3%  more  efficient  than  the  four 
pole  machines  at  all  speeds.  This  is  accounted  for  by  (1)  less  hysteresis  and 
eddy  current  losses  resulting  from  lower  frequencies  and  (2),  less  rotor  drag 
losses  resulting  from  smaller  rotor  diameters.  The  four  pole  machines  how¬ 
ever,  are  lighter  than  the  two  pole  machines  because  the  stator  copper  and 
iron  operate  with  half  the  flux  per  pole  as  the  two  pole  machine.  Since  effi¬ 
ciency  in  this  application  is  paramount  compared  to  weight,  the  decision  was 
to  favor  the  two  pole  alternators  in  lieu  of  four  pole  alternators.  The  8  kW 
and  10  kW  parametric  data  presented  in  this  report  were  therefore  based  only 
on  the  two  pole  configuration. 


(4)  Rotor  Drag  Losses 


In  order  to  predict  the  efficiency  of  the  Nadyne  alternator 
operating  in  a  high  pressure  high  temperature  COz  environment,  an  analytic 
drag  loss  equation  has  been  developed  by  North  American  Rockwell,  Corpora¬ 
tion.  The  equation  shown  below  has  been  developed  over  a  span  of  time, 
primarily  as  a  result  of  pump  rotor  experience,  but  it  is  perfectly  applicable 
to  alternator  rotor  drag  computations.  The  equation  is  as  follows: 


kW 


loss 


2.66x10  *  ^  + 


[de4-6m,-2Pa  8N2'8]  2.  79  x  10- 16 


where 


liquid  or  gas  viscosity,  lb/hr-ft 
rotor  diameter  under  stator,  inches 
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rotor  diameter  under  field  pole,  inches 

rotor  speed,  RPM 

length  of  rotor  under  stator,  inches 

liquid  or  gas  density,  lbs/cu.  ft. 

stator  air  gap  length,  inches 

length  of  rotor  under  field  pole,  inches 

field  air  gap  length,  inches 


The  first  term  in  the  equation  accounts  for  the  drag  loss  occur¬ 
ring  in  the  stator  air  gap,  the  second  term  accounts  for  drag  loss  occurring 
in  both  field  gaps,  and  the  third  term  accounts  for  the  drag  loss  occurring  on 
both  ends  of  the  rotor.  Note  that  in  the  first  two  terms,  the  air  gap  length  G 
occurs  in  the  denominator  and  must  therefore  be  kept  as  large  as  possible  to 
minimise  the  drag  losses.  The  rotor  diameters  have  also  been  minimixed  to 
reduce  drag  losses  by  selection  of  a  high  flux  density  magnetic  rotor  material 
(Hyperco  27). 


A  number  of  test  rotor  models  (2,  3,  and  6  inch  diamete rs  and 
6  inches  long)  were  tested  in  a  number  of  fluids  (water,  methyl  alcohol  and 
Dow  Corning  200  silicone  oil)  at  room  and  near -freezing  (32°F)  temperature 
to  verify  this  equation.  Results  for  the  3  inch  model  with  an  0.  030  inch  gap 
operating  in  water  are  shown  in  Figure  26  and  are  typical  of  agreement  be¬ 
tween  predicted  and  test  results  which  verify  the  validity  of  the  analytic 
equation. 


In  each  of  the  drag  tests,  the  rotor  model  was  accelerated  to  the 
drive  speed  by  an  electric  motor  (for  the  unpressurized  tests)  or  hydraulic 
motor  (for  the  pressurized  tests),  disengaged  from  the  drive,  and  allowed  to 
coast  to  a  stop.  The  plot  of  rotor  speed  versus  time  during  coast-down  per¬ 
mitted  the  computation  of  rotor  drag  loss  because  of  the  presence  of  the  fluid 
in  the  rotor  cavity. 

Additional  tests  in  a  pressure  chamber  were  conducted  using  the 
3  inch  model  in  both  methyl  alcohol  and  the  Dow  Corning  200  silicone  fluid. 
Drag  losses  were  almost  identical* to  losses  experienced  at  atmospheric  pres¬ 
sure.  The  effect  of  temperature  on  drag  losses  (due  to  changing  viscosity) 
was  more  significant  than  the  effect  of  pressure. 

Although  no  drag  tests  were  performed  using  high  pressure  C02, 
the  drag  formula  has  been  successfully  verified  with  liquids  of  various  densi¬ 
ties  and  viscosities.  CO2,  however,  at  400°F  and  1800  psi  behaves  much  like 
a  liquid  and  should  therefore  provide  valid  analytical  drag  loss  data.  The 
C02  density  and  viscosity  used  in  this  study  was  9.43  lb/cu.  ft.  and  .0609 
ib/hr-ft. ,  respectively.  The  CO2  drag  losses  will  be  determined  by  tests 
during  phase  II  of  this  program. 

The  rotor -end  drag  losses  have  been  included  on  all  machines  in 

this  report. 
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Figure  27.  Parametric  Data  5.  5  kW  Nadyne  2  Pole 
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Rotor  Drag  Losses  (kW) 


Length,  Outer  Diameter  and  Rotor  Diameter  (Inches) 


Figure  28,  Parametric  Data  5.  5  kW  Nadyne  4  Pole 


Rotor  Drag  Losses  (kW) 


c.  Selected  Preliminary  Design 


Figure  29  is  a  detailed  layout  of  the  preliminary  10  kW  Nadyne  alter¬ 
nator.  The  alternator  is  extremely  compact.  The  length  is  5.06  inches  with 
an  outside  frame  diameter  of  6.  5  inches  and  a  total  weight  of  21. 76  pounds. 

It  was  designed  for  a  three  phase  115  volt  line -to -neutral  output  with  a  .  9 
power  factor.  A  2-pole  machine  was  selected  for  maximum  efficiency  and 
rotor  structural  integrity.  The  rotor  diameter  flux  densities  and  current 
densities  and  several  other  parameters  have  been  selected  as  a  result  of 
extensive  computer  studies  of  hundreds  of  configurations  to  establish  the 
optimum  machine.  Table  XII  is  a  tabulation  of  machine  rating  and  perform¬ 
ance  parameters. 

(1)  Configuration  Analysis 

A  weight  breakdown  of  the  preliminary  design  is  given  in  Table 
XIII.  It  was  established  by  McDonnell  Douglas  that  the  length  of  the  alternator 
rotor  should  be  as  close  to  5  inches  in  length  as  possible  in  order  to  avoid 
passing  through  a  critical  speed  during  acceleration  to  full  load.  The  design 
procedure  was  to  decrease  the  axial  length  of  the  field  coil  but  maintain  the 
same  cross  sectional  area  by  increasing  its  mean  turn  length.  As  a  result, 
the  field  poles,  stator  iron,  and  field  coil  weights  were  increased  from  the 
conventional  Nadyne  design.  It  should  be  noted  that  the  tabulated  weights  are 
a  compromise  selection  which  may  be  altered  during  the  final  design  of 
Phase  II. 


(2)  Efficiency  and  Loss  Analysis 

The  preliminary  alternator  design  has  been  selected  by  computer 
analysis  of  hundreds  of  configurations  varying  all  important  parameters  to 
achieve  the  maximum  efficiency.  Essentially,  the  design  provides  a  small 
diameter  short  rotor  with  a  completely  smooth  cylindrical  surface  to  mini¬ 
mize  the  COz  drag  losses.  The  small  stator  inside  diameter  and  short  stator 
stack  provided  lowest  practical  mean  stator  turn  length  to  minimize  the  stator 
coil  resistance.  The  shorter,  larger  diameter  design  allowed  the  stator  back 
iron  (yoke)  area  to  be  increased  thus  reducing  the  yoke  flux  density  to  provide 
the  lowest  practical  eddy  current  and  hysteresis  losses.  Finally,  rotor  pole 
face  losses  were  minimized  by  utilizing  semi-closed  stator  slots. 

These  provisions  have  resulted  in  the  computed  loss  breakdown 
shown  in  table  XIV  and  a  computed  full  load  efficiency  of  slightly  over  90 
per  cent. 

(3)  Fabrication  and  Material  Selection 
(a)  Rotor  Construction 

The  magnetic  sections  of  the  rotor  will  be  fabricated  of  high 
strength  high  magnetic  permability  steel.  The  interpolar  or  nonmagnetic 
section  of  the  rotor  will  be  fabricated  from  high-strength  nonmagnetic  mate¬ 
rial.  The  magnetic  and  nonmagnetic  parts  of  the  rotor  will  be  machined 


igure  29.  Generator  -10  kW  Nadyne  80,  000  RPM,  2  Pole 
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TABLE  XU.  MACHINE  RATINGS  AND 
PERFORMANCE  PARAMETERS 


Kilowatt* 

Voltage  )RMS,  L/N) 

Current  (RMS  per  phase,  amps) 
Frequency  (Hz) 

Speed  (RPM) 

Phases 

Poles 

Power  Factor 

Rotor  Diameter  (inches) 

Frame  Diameter  (inches) 

Length  (inches) 

Stator  length  (inches) 

Number  stator  slots 
Rotor  WK2  (lb -ft2) 


10 
115 
32.  21 
1333 
80,000 
3 
2 

.9 

1.49 
6.  5 
5.  06 
.63 

24 

.  0025 


TABLE  XIII.  WEIGHT  BREAKDOWN 


Frame 

Stator 

Rotor 

Field  Poles 
Stator  Coil 
Field  Coil 
Cooling  Tubes 
Lead  Wire 


2.61 
4.  09 
1.60 
3.  24 
2.  30 
4.75 
2.  75 
0.42 

Total  21.76  Pounds 


TABLE  XIV.  LOSS  BREAKDOWN 


Stator  rR 
Field  I2R 
Stator  Iron 
Rotor  Pole  Face 
CO2  Drag 
Stray  Load 


.  2959 
.  1529 
.  2295 
.  0126 
.  31  50 
.  1000 

1.1059  KW 


Efficiency  =  .  9004 
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separately  and  intermeshed  to  form  the  complete  rotor  assembly.  The  indi¬ 
vidual  parts  will  be  bonded  together  by  a  proprietary  high-strength  bonding 
technique  developed  by  North  American  Rockwell  Corporation  during  a  2-year 
period.  After  bonding,  the  rotor  will  be  machined  and  a  .  375  inch  diameter 
hole  will  be  bored  axially  through  the  center  of  the  rotor  as  shown  on  the 
drawing  of  Figure  29.  North  American  Rockwell  will  then  shrink  fit  the  rotor 
to  a  shaft.  The  rotor  will  then  be  precision  dynamic  balanced  to  1  x  10' 5 
inches  mass  displacement  for  in-house  testing.  North  American  Rockwell’s 
rotor  shaft  will  be  removed  upon  delivery  of  the  alternator  to  McDonnell 
Douglas  Corporation.  It  should  be  noted  that  the  rotor  shaft  to  be  supplied  by 
McDonnell  Douglas  Corporation  may  unbalance  the  rotor  slightly  and  should 
therefore  be  corrected  by  balancing  the  entire  system  as  a  unit  prior  to  testing 
at  McDonnell  Douglas  Corporation.  Note  that  after  bonding  of  the  individual 
parts,  the  rotor  becomes  symmetrical  and  the  homogeneous  mass  is  inherently 
balanced  and  cannot  change  during  the  life  of  the  alternator. 

The  most  critical  aspect  of  the  rotor  construction  is  the  bond 
between  the  magnetic  poles  and  the  nonmagnetic  interpolar  elements.  Rotor 
strength  characteristics  depend  completely  on  this  bond  and  its  integrity  is 
vital.  The  study  drew  on  the  wealth  of  knowledge  in  metallurgy  and  struc¬ 
tural  fabrication  available  at  North  American  Rockwell.  Trial  bonds  by  a 
number  of  different  approaches  have  been  evaluated  and  tested.  Mechanical 
joining  "trees,  "  bolts,  and  stress  bands  nave  been  studied  and  set  aside  as 
being  unsatisfactory  from  either  a  strength  or  practical  cost  viewpoint. 

Brazing  and  casting  methods  have  been  abandoned  because  of  insurmountable 
void  problems.  However,  the  approach  finally  selected  has  bt^en  highly  suc¬ 
cessful  in  producing  void-free  high  strength  joints  at  a  low  cost.  Although  the 
materials  and  techniques  used  are  proprietary,  it  can  be  stated  that  the  joint 
results  from  an  interdiffusion  of  material  between  the  magnetic  and  nonmag¬ 
netic  materials.  The  resulting  bond  is  as  strong  as  the  weaker  of  the  original 
materials  and  takes  on  the  stress  strain  relationship  of  that  material  including 
its  yield  point.  The  composite  material,  once  joined,  can  be  heat-treated  in 
a  normal  manner  and  again  follows  the  heat  treat  characteristics  of  the  weak¬ 
er  material.  The  structural  characteristics  of  the  bond  have  been  established 
by  structural  specimen  tests.  Specimen  tests  have  shown  0.2  offset  yield 
points  of  48,000  psi  and  ultimate  tensile  values  of  96,000  psi  in  the  annealed 
condition.  Ultimate  fracture  usually  occurs  in  the  weaker  material  near  the 
joint,  but  the  joint  itself  does  not  exhibit  an  intermaterial  fracture.  The  com¬ 
posite  material  is  ductile  and  generally  exhibits  characteristics  of  the  more 
ductile  material. 

(b)  Rotor  Material 

Three  candidate  rotor  materials  have  been  investigated  for 
the  preliminary  Nadyne  alternator  design,  4130,  Silicon  steel,  Hiperco  27 
Cobalt  steel,  and  Hiperco  50  Cobalt  steel.  The  importance  in  minimizing  the 
rotor  diameter  to  reduce  the  rotor  drag  losses  is  apparent  from  the  previous 
sections.  In  order  to  minimize  the  rotor  diameter  and  still  carry  rated  flux 
in  the  rotor,  the  material  must  be  capable  of  handling  the  maximum  flux  den¬ 
sity  permissible.  It  is  evident  from  Figure  30  that  Hiperco  50  bv  far 
superior  to  any  other  magnetic  material  for  maximum  flux  density  capability, 
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however,  it  was  not  selected,  because  of  its  inability  to  withstand  the  tem¬ 
peratures  required  during  bonding  the  rotor.  It  is  basically  a  two  phase  mate¬ 
rial  which  when  heated  above  its  second  phase  heat  treat  temperature,  loses 
its  high  flux  density  capability. 

Hiperco  27's  magnetic  properties  however,  are  not  affected 
by  the  high  bonding  temperatures  and  has  therefore  been  selected  for  this 
application. 


Hiperco  27,  contains  27%  cobalt  and  1/2%  chromium,  in  a 
soft  magnetic  alloy,  which  offers  a  high  magnetic  saturation  value,  high  Curie 
temperature  and  greater  ductility  than  normally  associated  with  this  alloy 
system.  The  addition  of  cobalt  to  iron  raises  the  magnetic  saturation  value 
from  21,500  Gausses  to  22,  600  Gausses.  The  increased  ductility  of  Hiperco 
27  not  only  allows  more  conventional  manufacturing  processes  to  be  used,  but 
greatly  facilitates  bonding  techniques.  Rene  41  has  been  selected  for  the  non¬ 
magnetic  rotor  material  since  it  provides  good  strength  and  excellent  physical 
properties  for  bonding  to  Hiperco  27. 

(c)  Frame  and  Pole  Pieces 

Both  the  frame  and  pole  pieces  are  also  to  be  made  entirely 
from  Hiperco  27.  This  high  flux  density  material  was  selected  for  the  field 
pole  to  minimize  its  cross  sectional  area  adjacent  to  the  rotor  end  diameter. 
Minimizing  this  area  is  necessary  in  minimizing  the  COj  drag  losses  occur¬ 
ring  in  the  field  gaps.  This  will  also  be  fabricated  of  Hiperco  27  to  provide 
high  flux  density  capability. 

(d)  Stator  Core 

The  stator  core  shall  be  fabricated  with  Hiperco  27  strips 
of  .004  inch  thickness  to  minimize  the  iron  loss  at  the  1333  Hz  design  fre¬ 
quency.  In  addition,  the  high  flux  density  capability  of  Hiperco  27  provides 
favorable  stator  tooth  and  slot  geometries  necessary  in  minimizing  the  stator 
slot  leakage  reactance. 

(e)  Cooling  Coils 

The  cooling  coils  are  to  be  made  from  copper  and  brazed  to 
the  frame  by  standard  techniques. 

(f)  Insulation  System 

A  basic  Class  H  insulation  system  of  ML  magnet  wire  and 
glass  mica  will  be  employed  in  the  stator  windings  and  the  field  coils.  The 
insulation  system  will  consist  of  the  following: 

Magnet  wire:  copper  insulated  with  ML  varnish 

Slot  liner:  glass  mica 

Winding  separators:  glass  mica 
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Coil  tiea: 

Encapsulation: 

Lead  wire: 

d.  Thermal  Analysis 

A  preliminary  thermal  analysis  was  performed  to  establish  the 
philosophy  to  be  used  in  controlling  the  temperatures.  The  losses  within  this 
alternator,  although  low  as  a  percentage  of  output  power,  are  quite  appre¬ 
ciable  compared  with  the  small  volume  of  the  machine  (about  one  tenth  cubic 
foot).  Also,  the  environment  of  the  Nadyne  is  quite  unusual  since  it  is  sur¬ 
rounded  by  carbon  dioxide  at  1825  psi  and  300°F.  These  differences  from 
conventional  machines  cause  previous  cooling  experiences  to  be  inadequate. 
The  preliminary  thermal  analysis  was  performed  as  a  substitute  for  this 
missing  experience. 

The  specific  aim  of  the  analysis  was  to  answer  two  questions  — 

(1)  Will  a  liquid  cooling  system  be  necessary  to  keep  temperatures  within 
limits?  (2)  Can  internal  cooling  be  accomplished  with  a  reasonable  flow  of 
carbon  dioxide? 

In  summary  the  following  conclusions  were  reached: 

1.  Internal  temperatures  are  quite  uniform  and  satisfactorily 
low  due  to  high  convective  coefficients. 

2.  The  amount  of  carbon  dioxide  needed  for  internal  cooling 
appears  to  be  reasonable  (about  0.05  pounds  per  second). 

3.  The  external  liquid  coolant  appears  to  be  superfluous  if 
the  flow  of  the  internal  coolant  (CO2)  is  maintained  suf¬ 
ficiently  high,  e.  g.  ,  0.  05,  to  0.  10  pounds  per  second. 

4.  Elimination  of  the  external  coolant  should  be  accompanied 
by  thermal  insulation  or  by  other  means  of  preventing  or 
accounting  for  the  heat  which  would  otherwise  enter  from 
the  external  environment. 

These  are  further  discussed  in  the  following  paragraphs. 

(1)  Analytical  Method 

The  tool  used  in  this  analysis  was  a  computational  program  writ¬ 
ten  specifically  for  a  Nadyne  machine,  which  contains  scaling  relations  which 
permit  varying  the  size  of  the  machine. 

(2)  The  Computational  Program 

The  computational  program  was  written  for  the  IBM-360-65 
digital  computer.  Heat  balance  equations  are  written  for  thirty  principal 
elements  within  the  Nadyne.  These  equations  consider  the  electrical  and 
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magnetic  losses  that  occur  at  each  particular  location  as  well  as  the  conduc¬ 
tive,  radiative,  and  convective  coupling  to  each  neighboring  element.  The 
heat  transfer  coefficients  vary  as  functions  of  temperature  and  pressure  where 
applicable.  The  appropriate  areas  for  use  with  each  coefficient  are  computed 
from  a  series  of  basic  dimensions  which  are  included  in  the  input  data  for  any 
particular  machine.  Provisions  are  made  (1)  for  putting  a  gaseous  coolant 
through  the  interior  of  the  machine,  (2)  for  a  liquid  coolant  on  the  exterior, 

(3)  for  cooling  by  convection  and  radiation  to  the  ambient,  and  (4)  for  cooling 
the  ends  of  the  rotor  with  lubricating  oil.  The  resulting  temperatures  are 
determined  by  a  method  of  relaxation. 

(3)  Limits  of  Applicability 

1.  The  program  has  not  been  thoroughly  checked-out  for 
this  regime  of  very  high  pressures. 

2.  No  provision  or  account  was  made  of  the  possible 
flow  of  hot  gas  through  the  center  of  the  rotor. 

3.  The  reported  temperatures  resulted  from  approxi¬ 
mate  but  incomplete  convergence  of  the  relaxation 
method. 

4.  The  maintenance  of  the  temperature  of  the  outer 
cylindrical  casing  (T7)  was  not  examined  in  detail. 

5.  The  end  plates  have  radiant  interchanges  with 
objects  both  hotter  and  colder  than  the  single 
environmental  temperature  used. 

6.  Flow  was  not  considered  through  the  clearance 
between  the  rotor  and  the  end  plates. 

These  factors,  when  examined  in  more  detail  would  permit  re¬ 
moval  of  the  above  restrictions. 

(4)  Input  Data 

Dimensions,  electrical  losses  and  other  data  for  the  alternator 
were  taken  from  the  printout  of  the  results  of  the  optimization  program.  This 
study  is  reported  elsewhere  in  the  report.  Where  dimensions  have  been  varied 
slightly  for  practical  considerations,  the  values  from  the  drawings  were  used. 

Temperatures  and  pressures  of  both  the  environment  and  the 
internal  coolant  were  furnished  by  Mr.  Ed  Brass  of  the  McDonnell  Douglas 
Corporation. 

e.  Results 

(1)  Variation  of  Internal  Coolant  Flow 

Figure  31  shows  the  temperatures  which  result  from  varying  the 
flow  of  the  carbon  dioxide  used  as  the  internal  coolant.  Identification  of  the 
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various  parts  of  the  alternator  can  be  made  by  consulting  the  drawing  shown 
in  Figure  29  and  from  which  this  sketch  was  derived.  The  larger  numbers 
are  the  temperatures  in  degrees  Fahrenheit.  Their  locations  are  labeled  with 
subscripted  T's  to  facilitate  cross-references.  These  locations  are  both 
specific  and  general.  For  instance,  T5  and  T6  are  the  bulk  mean  tempera¬ 
tures  of  the  bundles  of  end  turns,  while  T27  and  Tgs  are  their  mean  surface 
temperatures. 

The  temperatures  shown  in  Figure  31  are  quite  uniform  and  well 
within  the  usual  temperature  limits  of  the  materials.  This  is  attributed  to  the 
high  convective  coefficients  that  result  from  both  the  high  pressure  (2400  psi) 
and  the  high  rotational  speed  (80,000  rpm). 

The  two  internal  CO2  temperatures,  T23  and  T24,  are  somewhat 
deceptive,  as  they  were  computed  after  they  have  absorbed  their  heats  from 
the  various  components.  In  this  regard,  they  can  be  considered  as  the 
coolants'  temperatures  as  they  leave  their  respective  halves  of  the  alternator. 

The  CO2  absorbs  much  more  heat  in  the  upstream  or  right-hand 
chamber  than  it  does  in  the  downstream  or  left-hand  chamber.  Notice  the 
relative  increments  from  T25  to  T23  and  from  T23  to  T24.  This  phenomenon 
is  attributed  to  two  influences:  (1)  the  leakage  of  heat  from  the  hotter  down¬ 
stream  chamber  into  the  cooler  upstream  chamber,  and  (2)  the  transfer  of 
heat  from  the  liquid  to  the  gaseous  coolant.  Of  these,  the  latter  is  the  more 
important.  The  potential  for  this  transfer  is  much  greater  in  the  upstream 
chamber,  as  the  carbon  dioxide  is  entering  at  only  100°F  and  the  frame  is 
being  held  at  200°F  by  the  liquid  coolant.  When  the  carbon  dioxide  reaches 
the  downstream  chamber,  it  is  already  about  as  hot  as  the  frame,  and  the 
potential  is  much  reduced.  This  phenomenon  raises  the  question  of  the  inter¬ 
relation  of  the  various  coolants. 

Figure  32  shows  the  heat  flows  to  or  from  the  composite  machine. 
These  include:  (1)  the  heat  to  the  external  or  liquid  coolant,  (2)  the  heat  to  the 
internal  or  gaseous  coolant,  (3)  the  heat  to  the  ambient  by  radiation  and  con¬ 
vection  from  the  end  plates,  and  (4)  the  total  of  the  other  three.  This  total 
plots  as  a  horizontal  line  in  the  fourth  quadrant  in  accordance  with  the  fact 
(from  the  first  law  of  thermodynamics)  that  the  net  cooling  must  be  equal  and 
opposite  to  the  electrical  dissipation.  Figure  32  is  plotted  in  accordance  with 
the  familiar  thermodynamic  convention  of  heat  into  the  machine  being  repre¬ 
sented  as  positive  and  heat  out  (i.e.,  cooling)  being  represented  as  negative. 

The  curve  for  the  external  coolant  becomes  positive  at  a  flow 
rate  of  about  three  pounds  per  minute  or  0.  05  pounds  per  second  of  carbon 
dioxide.  As  this  curve  extends  upwards  into  the  positive  quadrant,  the  curve 
for  the  internal  coolant  must  plunge  farther  into  the  negative  quadrant  in  com¬ 
pensation.  This  trend  leads  to  the  superficial  conclusion  that  the  external 
coolant  is  doing  more  harm  than  good  at  the  higher  flows.  The  word  "super¬ 
ficial"  is  used  because  Figure  32  does  not  tell  the  complete  story.  The  ex¬ 
ternal  coolant  also  protects  the  machine  by  absorbing  heat  from  its  300° 
environment  as  well  as  from  its  internally  generated  heat.  The  conclusion 
would  be  valid  if  the  cooling  jacket  were  replaced  by  a  perfect  thermal  insulator. 
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Figure  32.  Effect  of  Flow  of  Internal  Coolant  ( CO 
on  Heat  Loads 


M  this  were  done,  the  temperature  of  the  casing,  T7,  would  adjust  itself  to 
the  internal  conditions,  and  there  would  be  corresponding  adjustment  of  the 
temperatures  throughout  the  alternator.  The  external  cooling  liquid  does  act 
to  lower  the  differentials  of  temperature  between  the  warm  and  cool  ends  of 
the  alternator. 

(2)  Frame  Temperature  Variation 

Figure  33  is  similar  to  Figure  31  except  that  the  temperature  of 
the  casing  or  frame  is  varied  instead  of  the  flow  of  carbon  dioxide.  The  latter 
is  kept  constant  at  six  pounds  per  minute.  This  value  was  given  by  Mr.  Brass 
as  the  flow  that  would  cause  no  great  penalties  to  the  overall  system. 

The  temperatures  are  within  the  usual  limits  for  materials,  and 
they  are  quite  uniform.  Again,  this  trend  is  attributed  to  the  high  convective 
coefficients. 


Figure  34  is  similar  to  Figure  32  except  that  the  frame's  tem¬ 
perature  is  used  as  the  abscissa.  As  the  frame's  temperature  increases, 
more  and  more  of  the  cooling  must  be  done  by  the  carbon  dioxide.  The  net 
influence  of  the  external  coolant  changes  from  cooling  to  heating  at  about 
155°F.  Again,  the  interception  of  heat  from  the  environment  must  be  con¬ 
sidered  in  evaluating  the  value  of  the  external  coolant. 

f.  Alternator  Test  Procedure 

(1)  Static  Tests 

The  tests  to  be  performed  prior  to  the  operating  load  calibration 
tests  are  to  be  as  follows: 

1.  Perform  500  V  insulation  resistance  test  of  each  winding 
to  case  and  between  windings. 

2.  Perform  1500  V,  60  Hz,  dielectric  test  of  each  winding 
to  case  and  between  each  winding. 

3.  Measure  and  record  the  winding  resistance  of  each 
winding  with  a  Kelvin  Bridge. 

(2)  Load  Calibration  Tests 

Calibration  of  the  generator  for  a  load  will  follow  M1L-STD-705 
method  4105.  0  as  modified  herein. 


(a)  Efficiency 

The  efficiency  of  a  generator  is  calculated  as  follows: 
Generator  efficiency  (in  percent)  =  kW  ^TpSi'Tio^lTe.e. 
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Used  as  a  load  device,  the  load  would  be  equal  to  the  kW  output  plus  the  sum 
of  the  losses. 

(b)  Summing  Losses 

The  total  losses  are  equal  to  the  sum  of  the  following: 

1.  Bearing  friction  and  windage  loss  at  the  rated  speed, 

2.  Open-circuit  core  loss  at  operating  voltage. 

3.  Armature  I^R  loss  at  specific  armature  current  and 

temperature. 

2 

4.  Field  I  R  loss  as  specific  field  current  and  temperature. 

5.  Stray  load  loss  at  specific  armature  current. 

The  total  losses  of  the  machine  can  not  be  measured  directly. 
What  is  proposed  is  that  the  alternator  design  characteristics  be  verified  and 
a  set  of  curves  be  prepared  to  enable  the  losses  to  be  derived  through  meas¬ 
urable  electrical  parameters.  The  alternator  operating  parameters,  items 
1  through  5,  listed  under  the  environmental  load  test  paragraph  will  be  suf¬ 
ficient  to  determine  the  load  at  any  time.  The  load  calibration  tests  are 
discussed  in  the  following  text. 

(c)  Bearing  Friction 

Obtained  by  operating  the  generator  at  speed  without  exci¬ 
tation  and  determining  the  horsepower  losses.  This  will  be  accomplished  by 
spindown  tests  in  accordance  with  the  following  method.  The  rotor  shall  be 
motored  to  120%  of  design  speed  by  operating  the  NADYNE  as  an  induction 
motor.  A  variable  frequency  dc  to  ac,  3-phase  converter  shall  be  used  as 
the  driving  power  supply.  Upon  reaching  desired  speed,  the  power  shall  be 
disconnected  and  spindown  data  taken. 

(d)  Open  Circuit  Core  Loss 

Obtained  by  driving  the  generator  at  rated  speed  without 
excitation  until  the  bearings  reach  constant  temperature  and  friction  becomes 
constant. 


By  means  of  separate  excitation,  raise  the  applied  voltage 
to  the  field  to  increase  the  field  current  in  steps  from  zero  to  full  field  to  give 
approximately  20,  40,  60,  60,  90,  95,  100,  105,  110,  120  percent  of  rated 
voltage . 


Simultaneously  read  and  record  the  field  current,  the 
generator  terminal  voltage  and  input  to  the  generator  for  each  step. 

All  readings  must  be  taken  with  a  rising  field  current. 
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From  the  generator  input,  subtract  the  bearing  friction  and 
windage  loss  to  obtain  the  open-circuit  core  loss  for  each  field  current  value. 

Plot  a  curve  of  generator  open-circuit  core  losses  vs  ter¬ 
minal  voltage  as  shown  in  Figure  4.5.0-V,  MIL-STD-705A. 

The  value  of  open  circuit  core  loss  at  rated  voltage  shall  be 
used  in  summation. 

(e)  Armature  I^R  Loss 

The  armature  I2R  ’ 'ss  is  defined  as  the  product  of  the  square 
of  the  armature  current  under  any  specifiea  load  and  the  resistance  of  the 
armature  at  the  operating  condition. 

The  armature  resistance  shall  be  measured  at  room  tem¬ 
perature  with  a  Kelvin  Bridge  at  room  temperature  and  the  reading  corrected 
to  30°C.  The  temperature  rise  of  the  windings  shall  be  determined  at  various 
operating  conditions  in  the  environmental  teats  which  follow.  Thermocouples 
imbedded  in  windings  shall  be  used  to  sense  the  winding  temperatures.  The 
following  formula  shall  be  used  to  determine  the  armature  resistance, 

Ro  (234.  5  +  Tr) 

KC  "  234.  5  +  To 

where  Rc  is  the  corrected  resistance 
Ro  is  the  measured  resistance 

Tr  is  the  stabilized  temperature  rise  «.•  degrees  F 

To  is  the  temperature  of  the  windings  at  the  time  Ro  is 
measured ~  degrees  F. 

Calculate  the  armature  l2R  loss  by  squaring  the  armature 
current,  multiplying  by  Rc  obtained  above,  then  tripling  the  figure  for  the  3- 
phase  value. 

The  resistances  obtained  by  calculation  shall  be  compared 
to  values  obtained  with  a  Seely  Bridge. 

(f)  Field  I2R  Loss 

The  field  I“R  loss  is  defined  as  the  product  of  the  square  of 
the  field  current  under  any  specified  load  condition  and  the  resistance  of  the 
field  at  the  operating  condition. 

The  resistance  of  the  field  shall  be  determined  at  various 
operating  conditions  during  the  environmental  teats  by  use  of  the  voltmeter, 
ammeter  method. 
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To  calculate  the  field  resistance,  divide  the  field  voltmeter 
reading  by  the  field  ammeter  reading.  Calculate  the  field  I^R  loss  by  squaring 
the  operating  field  current,  then  multiply  by  the  appropriate  field  resistance 
obtained  above. 

(g)  Stray  Load  Loss 

These  losses  are  obtained  by  operating  the  generator  short 
circuited  at  rated  speed. 

Adjust  the  excitation  for  approximately  125  percent  of  rated 
current.  Decrease  the  excitation  in  steps  to  obtain  approximately  100,  75,  50, 
and  25  percent  of  rated  current  flow  in  the  armature. 

At  each  of  the  above  steps,  readings  of  the  generator  cur¬ 
rent,  generator  input  power  and  speed  shall  be  recorded. 

From  these  values,  subtract  the  hearing  friction  and  windage 
loss  and  the  armature  I^R  loss  to  obtain  the  stray  load  loss. 

Plot  a  curve  of  stray  load  loss  vs  armature  current. 

(h)  Environmental  Load  Tests 

A  frill  load  heat  run  shall  be  performed  at  rated  power  factor 
and  speed  in  ambient  temperatures  of  100°F,  200°F,  300°F,  and  400°F. 
Instrumentation  shall  be  provided  to  measure  the  following. 

1.  Input  torque 

2.  Speed 

3.  Field  current  and  potential 

4.  Armature  30  output,  voltage,  current  and  watts 

5.  Temperature  of  windings,  frame,  bearing  a  no  ambient 

air  (12  thermocouples) 

6.  Armature  resistance  by  Seely  Bridge  method. 

Armature  and  field  resistance  values  will  be  established  for  various  operating 
conditions  to  be  used  in  determining  the  I^R  losses.  Tests  at  other  loads  will 
be  performed  as  required  to  determine  the  above  resistance  values. 

(3)  CO2  Tests  at  Douglas 

The  alternator  shall  be  immersed  in  CC>2»  pressurized  at  2000 
psi  and  run  at  120%  of  design  speed  to  obtain  spin-down  data  for  bearing 
friction  and  windage  loss  data.  NAA  shall  provide  the  power  supply,  instru¬ 
mentation,  and  other  support  as  required.  The  alternator  shall  then  be  con¬ 
nected  to  the  turbine  and  a  full  load  heat  run  made.  During  this  test,  winding 
temperatures  shall  be  monitored  with  a  Seely  Bridge.  Selected  stator  winding, 
core,  bearing,  and  frame  temperatures  shall  be  monitored  by  the  thermocouple 
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method.  The  total  number  of  thermocouples  shall  not  exceed  12.  Alternator 
and  pump  windage  and  heating  losses  shall  be  calculated  for  the  C02  environ* 
ment. 

(a)  North  American  Rockwell  Test  Setup 

The  test  setup  on  the  NAOYNE  generator  shall  include  the 

following: 

1.  Prime  mover:  TSC  15870 

2.  Gear  Box:  14  hp.  ,  8,  000  RPM  input,  100,  000  rpm  output. 

To  be  purchased  as  part  of  contract. 

3.  Support  cradle  for  generator  torque  input  determination. 

4.  DC  to  AC,  3$  converter;  modify  existing  unit  by  paral¬ 
leling  transistors  and  replacing  Zener  diodes. 

(b)  Douglas  Test  Support 

The  test  equipment  provided  to  Douglas  in  support  of  the 
system  test  shall  include  a  variable  frequency  converter  for  motoring  turbine 
up  to  speed. 
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6.  TURBINE  DESIGN 

The  principal  component!  of  the  turbine  section  are  the  sub-baae,  inner 
and  outer  scroll  shells,  and  the  exhautt  diffuser  center  body.  These  com¬ 
ponents  are  shown  in  Figure  35  along  with  adjoining  parts  such  as  the  turbine 
bearing  housing,  rotor  assembly,  and  the  pressure  containment  cylinder. 

a.  Sub-base 

The  sub-hase  will  either  be  cast,  or  constructed  as  a  weldment  from 
several  machined  details,  depending  on  comparative  fabrication  costs  of  the 
two  methods.  The  material  selection  is  strongly  influenced  by  the  need  to 
minimize  thermal  strains  induced  at  the  bolted  interface  between  the  hot  sub¬ 
base  and  the  much  colder  turbine  bearing  housing.  For  this  reason,  INCO 
713C  or  M252  bar  will  be  used;  providing  a  material  with  a  low  coefficient 
of  thermal  expansion  and  very  good  high  temperature  physical  properties. 
Additional  precautions  adopted  to  avoid  dangerous  thermal  strains  between 
the  sub-base  and  connecting  components  will  be  described  under  Design 
Integration.  The  primary  functions  of  the  sub-base  are  to  support  the  tur¬ 
bine  components  and  to  duct  the  process  fluid  to  and  from  the  turbine.  In 
addition,  the  sub-base  will  provide  the  only  ground  connection  to  the  primary 
CRU  structure  (composed  of  the  two  bearing  housings  and  the  interconnecting 
housing),  and  will  serve  as  die  hot  end  closure  for  the  pressure  containment 
cylinder.  The  advantages  of  using  a  sub-base  in  this  manner  are  as  follows: 

1.  An  axisymmetrical  duct  to  the  turbine  inlet  scroll  can 
be  provided  to  avoid  thermal  distortion  difficulties  that 
might  result  from  a  single,  off-center  entry. 

2.  The  turbine  discharge  duct  center  body  can  be  provided 
as  a  separate  component  thereby  eliminating  the  need 
for  narrow,  rough  surface,  cast  channels. 

3.  The  external  piping  that  joins  the  turbine  to  the  heat 
source  heat  exchanger  and  recuperator  connects  to  the 
sub-base  rather  than  to  the  turbine  structure  proper. 

This  will  protect  the  close  tolerance  turbine  components 
from  distortion  due  to  structural  loads  imposed  by  the 
piping. 

4.  The  sub-base  will  afford  convenient  instrumentation 
locations  to  measure  fluid  temperature  and  pressures. 

5.  Access  to  the  CRU  components  is  greatly  facilitated  in 
that  removal  of  the  pressure  containment  cylinder  ex¬ 
poses  the  entire  unit  without  disturbing  the  attachment 
of  the  primary  CRU  structure. 

b.  Scrolls 

The  use  of  separate  components  to  form  the  turbine  inlet  passage 
greatly  facilitates  the  thermal  isolation  of  this  area.  Furthermore,  thermal 
and  attachment  strains  are  more  manageable  in  these  thin-walled  toroidal 
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Figure  35.  Turbine  Section 
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•hells.  The  outer  shell  is  bolted  to  the  sub-base  at  the  same  bolt  circle  that 
mounts  the  turbine  bearing  housing.  The  outer  scroll  contains  the  approxi¬ 
mate  400  psi  differential  that  exists  between  the  turbine  inlet  and  CRU  ambient 
pressure.  The  small  diameter  end  of  the  outer  scroll  is  radially  constrained 
by  the  turbine  bearing  housing.  The  inner  scroll  large  diameter  end  is  also 
radially  constrained  at  this  location,  and  is  positioned  axially  between  the 
outer  scroll  and  the  turbine  bearing  housing.  The  turbine  nozzle  vanes  are 
electrical  discharge  machined  (EDM)  into  the  small  diameter  end  of  the  inner 
scroll.  The  turbine  nozzle  outer  shrouding  is  provided  by  allowing  the  tur¬ 
bine  shroud  to  extend  over  the  nozzle  vanes.  Although  a  slip-fit  at  assembly, 
operating  pressure  and  temperatures  will  result  in  an  interference  fit-up 
condition  between  the  nozzle  vanes  and  the  turbine  shroud.  The  outer  shroud 
will  be  machined  from  M2  52  bar  stock  to  obtain  the  benefit  of  the  low  coeffi- 
c  lent  of  thermal  expansion  material,  particularly  beneficial  at  the  bolted 
attachment  to  the  sub-base.  The  inner  shroud  will  be  machined  from  1NCO 
718  bar  stock.  The  higher  coefficient  of  thermal  expansion  of  1NCO  718  will 
provide  the  desired  interference  fit  between  the  turbine  shroud  and  nozzle 
vanes  under  operating  conditions.  The  thermal  coatings  that  will  be  applied 
to  both  shrouds  will  be  described  below  under  Thermal  Considerations.  Well 
known  analytical  methods  are  available  for  computing  boundary  forces, 
stresses,  and  deflections  of  toroidal  shells.  A  typical  procedure,  with 
•ample  calculations,  are  shown  in  Figure  36. 

c.  Shroud 

The  design  of  the  turbine  shroud  is  of  considerable  importance  to  the 
general  problem  of  maintaining  minimum  rotor  tip  clearance.  The  shroud 
must  be  dimensionally  accurate  and  As  concentric  to  the  rotor  as  possible; 
not  just  at  assembly,  but  during  operation.  The  turbine  shroud  is  provided 
as  a  separate  detail  in  order  to  make  this  component  essentially  expendable 
and  easily  replaced  to  effect  a  change  in  tip  clearance.  The  turbine  shroud 
is  secured  to  the  main  turbine  housing  as  shown  in  Figure  37.  The  turbine 
bearing  support  also  attaches  directly  to  the  main  turbine  housing.  The 
design  provides  the  turbine  shroud,  sub-base  and  turbine  bearing  housing  as 
a  matched  set  with  the  final  grinding  of  the  shroud  inner  diameter  registered 
directly  from  the  turbine  bearing  housing.  Figure  37  shows  a  summary  of  an 
analytical  investigation  into  the  deflections  that  might  occur  at  the  turbine 
due  to  forced  axisymmetric  deflections  at  the  shroud  attachment.  Recognizing 
that  the  sub-base  might  undergo  unpredicted  thermal  deflections,  it  is  desir¬ 
able  to  isolate  that  portion  of  die  turbine  shroud  which  is  over  the  turbine 
from  diametral  disturbances  at  the  attaching  flange.  This  can  be  achieved  by 
exploiting  the  ability  of  shell  structures  to  localize  forced  deflections  so  that 
rapid  attenuation  occurs  at  distances  removed  from  the  loaded  section.  The 
rapidity  of  the  attenuation  is  influenced  by  the  basic  physical  shell  properties 
as  well  as  by  the  length  of  the  shell.  The  results  shown  in  Figure  37  were 
calculated  from  the  general  expressions  developed  by  Levy  (Ref.  15).  The 
attenuation,  shown  as  a  ratio  of  deflection  at  the  turbine  to  the  deflection  at 
the  main  housing  attachment,  is  plotted  vs.  the  shell  thickness  for  both  the 
fully  fixed  and  pinned  attachment  circumstance.  As  can  be  seen  from  the 
curves,  a  shell  thickness  of  approximately  0.  07  inches  will  provide  essen¬ 
tially  perfect  attenuation  of  any  axisymmetrical  attachment  deflections  in  the 
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Figure  36.  Turbine  Scroll  Analysis 


vicinity  of  the  turbine.  Considerable  care  will  be  necessary  to  ensure  that 
the  main  turbine  housing  will  be  free  of  all  circumferential  thermal  gradients 
which  would  result  in  a  rotation  of  the  turbine  shroud  attachment  structure. 
With  this  in  mind,  all  turbine  components  have  been  made  as  axisymmetric 
as  possible.  The  shroud  will  be  machined  from  M252  bar  stock. 

d.  Thermal  Considerations 

The  general  problem  of  preventing  large  heat  flux  losses  from  the 
turbine  section  is  greatly  eased  by  the  compactness  of  the  Supercritical 
(Feher)  cycle  components.  The  surface  area  of  the  inlet  scroll  and  shroud 
is  perhaps  10  to  15%  of  the  area  of  comparable  components  used  in  conven¬ 
tional  low  fluid  pressure  turbines  of  similar  power  class.  This  low  heat 
transfer  area  feature  makes  the  containment  of  the  heat  within  the  turbine 
section  relatively  easy  to  manage.  The  sub-base  will  be  externally  insulated 
so  that  heat  losses  to  ambient  will  be  virtually  eliminated.  The  sub-base  will 
stabilize  at  a  temperature  of  about  1100°F.  The  heat  flow  into  the  turbine 
exhaust  fluid  is  restricted  by  the  fluid  film  heat  transfer  resistance  and  the 
use  of  a  very  low  conductivity  metal  coating  (Zirconium  Oxide)  on  the  walls 
of  the  exhaust  flow  channel. 

Note:  The  Zirconium  Oxide  (Zr02)  coating  is  a  MDC- 
Astropower  development  and  is  being  used  as  thermal 
insulation  in  many  high  temperature  applications.  The 
coating  is  generally  applied  as  a  sprayed-on  plasma  of 
about  75%  solidity.  The  Zr02  is  line  stabilized  with 
4-5%  Calcium  Oxide  (CaO). 

The  heat  transfer  from  the  turbine  inlet  fluid  to  the  scrolls  is 
inhibited  by  the  poor  conductivity  of  the  low  velocity  fluid  film,  and  the  use 
of  the  Zr02  coating  on  the  scrolls.  The  overall  heat  transfer  coefficient  is 
expected  to  be  about  15  Btu/hr-ft^-°F  so  that  for  a  heat  flux  flow  rate  of  200 
watts,  the  temperature  of  the  scrolls  would  be  approximately  430°F  below 
fluid  temperature,  or  approximately  1000°F.  Radiation  and  conductive  heat 
flow  between  the  scrolls  and  the  turbine  bearing  housing  is  prevented  by 
packing  these  cavities  with  insulation  such  as  Johns -Manville's  MINK2000. 
This  material,  with  an  effective  thickness  of  0.  2  inches,  has  an  overall 
thermal  conductivity  of  approximately  1.  8  Btu/hr -ft  -°F,  so  that  if  the  tur¬ 
bine  bearing  housing  is  maintained  at  450°F,  the  heat  flow  through  the  insul¬ 
ation  would  amount  to  about  20  watts.  Considerably  more  heat  transfer  can 
be  expected  at  the  mechanical  interfaces  between  the  scrolls  and  the  turbine 
bearing  housing,  particularly  at  the  high  unit  pressure  surface  created  at  the 
outer  scroll  bolting  diameter.  However,  the  heat  transfer  at  these  junctions 
is  restricted  by  using  as  low  a  clamping  pressure  as  possible  and  using  a 
ceramic  insulator  (Boron  Nitride)  between  the  scroll  and  the  turbine  housing. 
The  advantages  of  using  the  ceramic  insulator  are  that  the  combination  of 
high  hardness,  low  density  and  low  thermal  conductivity  greatly  restricts  the 
heat  flow  across  a  mechanical  interface  (Ref.  16).  Furthermore,  two  mech¬ 
anical  interfaces  in  series  result  from  the  use  of  the  insulator.  The  effect¬ 
iveness  of  the  insulator  will  be  enhanced  by  applying  the  hard  Zr02  coating 
to  the  metal  components  at  the  contact  surfaces.  On  this  basis,  the  overall 


87 


heat  transfer  coefficient  between  the  scrolls  and  the  turbine  bearing  housing 


can  be  estimated  at  about  10  Btu/hr- 
rate  of  approximately  180  watts. 


'F.  This  corresponds  to  a  heat  flux 


The  turbine  bearing  housing  will  be  maintained  at  450°F  by  rejecting 
the  200  watts  of  heat  transferred  by  natural  convection  from  the  turbine 
scrolls  into  the  ambient  process  fluid  surrounding  the  turbine  housing.  If 
the  ambient  fluid  temperature  is  250°F,  and  a  natural  convection  heat  transfer 
coefficient  of  4  Btu/hr -ft  -°F  is  assumed,  the  required  heat  transfer  area  is 
120  square  inches.  Each  fin  on  the  turbine  bearing  housing  has  a  one-side 
area  of  about  1.  2  square  inches,  so  that  a  fin  density  of  about  3.  5  per  inch  of 
circumference  in  required. 

In  order  to  verify  the  estimated  heat  flux  losses,  (as  well  as  com¬ 
ponent  temperatures  and  thermal  strains)  all  the  turbine  section  stationary 
components  (including  the  turbine  bearing  housing)  will  be  assembled  and 
instrumented.  The  fluid  passages  will  be  flooded  with  hot  water  maintained 
at  a  temperature  of  200°F  so  that  actual  heat  transfer  coefficients  can  be 
established. 

e.  Turbine  Flow  Losses 

The  cavity  behind  the  turbine  inner  scroll  will  be  charged  by  the 
pressure  that  exists  downstream  of  the  nozzle.  This  pressure  is  nominally 
1950  psi  but  will  likely  be  somewhat  less  due  to  the  centrifugal  pumping 
action  of  the  rotor  operating  against  the  end  of  the  scroll.  This  cavity  will 
also  receive  leakage  from  the  turbine  bearing  hydrostatic  loading  pocket 
which  will  be  maintained  at  about  2100  psi.  In  order  to  keep  the  bearing  fluid 
leakage  from  entering  the  turbine  flow  channel,  the  cavity  will  be  vented  to 
the  CRU  ambient  (1850  psi)  so  that  the  cavity  pressure  will  remain  slightly 
below  1950  psi. 

7.  PUMP  DESIGN 

The  major  components  of  the  pump  section  are  the  rotor,  diffuser,  and 
rotor  seal.  In  addition,  the  pressure  container  end  closure  and  the  pump 
bearing  support  are  used  to  provide  the  pump  porting,  as  well  as  the  pump 
diffuser  discharge  plenum  chamber.  The  pump  components,  ports,  and 
plenum  chamber  are  identified  in  Figure  38. 

a.  Rotor 

The  pump  rotor  is  made  integral  with  the  rotor  through- bolt  by 
welding  the  machined  pump  detail  to  the  hollow  shaft,  after  which  the  through- 
bolt  pilot  diameters  are  finish  ground  and  polished.  The  integral  pump 
shroud  is  electron  beam  welded  to  the  pump  vanes.  The  pump  rotor  assembly 
will  be  fabricated  from  Ti-6A1-4V  alpha -beta  alloy.  The  main  advantage  of 
using  this  alloy  for  the  pump  rotor  is  that  the  extremely  low  thermal  con¬ 
ductivity  of  the  alpha-beta  metals  discourages  the  passing  of  heat  flux  into 
the  pump  inlet  fluid  and  the  detrimental  effect  on  pump  performance  that 
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Figure  38.  Pump  Section 


increased  pump  inlet  temperature  would  have.  The  low  modulus  of  elarticity 
of  titanium  is  also  beneficial  in  establishing  suitable  room-temperature  fit- 
ups  between  the  pump  rotor  and  other  components  of  the  rotating  assembly 
which  are  necessary  to  ensure  proper  piloting  of  the  components  at  operating 
conditions.  In  addition,  the  rotor  critical  speed  is  higher  due  to  the  use  of 
the  lightweight  titanium  alloy. 

b.  Diffuser 

The  diffuser  will  be  machined  from  321  stainless  steel  in  two  sections 
joined  together  by  electron  beam  welding  the  outboard  extension  of  the  diffuser 
to  the  diffuser  vanes.  The  diffuser  assembly  is  mounted  directly  to  the  pump 
bearing  support  with  provisions  for  axial  shimming  the  diffuser  in  order  to 
obtain  precise  axial  alignment  of  the  diffuser  flow  channel  with  the  pump  rotor 
passage.  The  close  structural  coupling  of  the  diffuser  mounting  and  the  rotor 
thrust  bearing  (see  Figure  38)  will  serve  to  maintain  the  axial  positioning  con¬ 
trol  during  operation. 

c.  Seal 

The  pump  rotor  discharge  is  sealed  from  the  pump  inlet  by  a  capil¬ 
lary  seal  formed  by  a  cylindrical  extension  machined  integral  with  the  pump 
rotor  shroud  which  sandwiches  between  the  diffuser  and  a  mechanically  joined 
extension  of  the  diffuser,  as  shown  in  Figure  38.  The  leakage  past  the  seal 
is  readmitted  at  the  pump  inlet  parallel  to  the  normal  flow  so  that  direct  ar  d 
secondary  losses  from  the  leakage  are  minimized.  If  the  average  clearance 
on  each  side  of  the  rotating  cylinder  is  0.  0006  inch,  and  an  eccentricity  of 
0.0003  inches  is  assumed,  the  leakage  through  the  seal,  Q,  is  as  follows: 


_  240  (IT)  (.  2H.0006) 


eccentricity  6  (8.  5x  HT’h**.  5) 


x  1.375 


or,  approximately  2.  5%  of  the  total  pump  volume  flow. 

The  viscous  drag  loss  in  the  seal  is 

M  =  Mr A  ^  =  8’5x  10"9(.2)(2tT^2H2^x^.  5)(2 ff)(.  2)(80,  000) 

=  0.  006  in-lbs,  so  that, 

power  loss  =  x  746  =  63] TO"  x  746  =  5bwatt# 

The  only  path  from  the  pump  rotor  discharge  to  ambient  is  through  the  thrust 
bearing,  with  leakage  having  to  flow  against  the  centrifugal  head  developed  by 
the  thrust  bearing  fluid  film.  Normally,  virtually  no  leakage  would  occur; 
however,  in  order  to  maintain  the  fluid  film  temperature  at  about  150°F,  a 
small  leakage  through  the  thrust  bearing  is  promoted  by  providing  small 
radial  grooves  through  the  thrust  bearing  face. 
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Further  discussion  of  the  pump  design  will  be  found  below  under 
Design  Integration  with  particular  reference  to  the  assembly  procedure,  con¬ 
centricity  of  the  pump  rotor,  and  descriptions  of  the  pump  bearing  support 
and  the  pressure  container  end  closure. 

8.  DESIGN  INTEGRATION 

a.  General  Arrangement 

Although  most  of  the  preliminary  design  effort  concentrated  on  the 
conventional  CRU  arrangement,  i.  e.  ,  radial  bearings  just  outboard  of  the 
alternator  rotor  with  the  turbine  and  pump  cantilevered  from  either  end, 
other  schemes  were  investigated.  The  most  attractive  of  these  other  arrange¬ 
ments  had  a  close-coupled  turbine-pump  unit  (turbo  pump)  driving  the  alter¬ 
nator  with  a  flexible  shaft.  The  alternator  would  be  mounted  on  oil  lubricated 
rolling  element  bearings  so  that  a  high  pressure  shaft  seal  would  be  necessary 
to  separate  the  oil  environment  from  the  process  fluid.  The  primary  advant¬ 
age  of  this  arrangement  was  that  the  turbo  pump  and  alternator  development 
would  be  completely  independent  of  each  other  so  that  interface  problems  and 
program  risk  would  be  minimized.  Furthermore,  although  the  turbo  pump 
would  use  process  fluid  bearings,  the  design  of  the  bearings  would  be  greatly 
facilitated  by  the  lighter  turbo  pump  rotor  compared  with  the  CRU  rotor.  The 
principal  drawback  to  the  turbo  pump  approach  was  that  the  test  configuration 
would  not  be  an  optimum  arrangement  for  an  operational  unit.  This  presented 
the  distinct  difficulty  of  applying  test  configuration  results  to  the  conventional 
CRU  construction,  thereby  decreasing  the  utility  of  the  proposed  test  evalu¬ 
ation  program.  After  consulting  with  the  AF  Project  Office,  a  decision  was 
made  to  proceed  with  the  conventional  CRU  arrangement  as  shown  in  Figure 
39.  Major  components  are  identified  in  Figure  40. 

The  alternator  rotor  is  supported  by  radial  bearings  located  just  out¬ 
board  of  the  alternator  assembly.  The  turbine  and  pump  are  cantilevered 
from  either  end.  The  CRU  is  mounted  on  a  sub-base  that  in  turn,  is  attached 
to  the  permanent  facility  structure.  The  rotor  centerline  will  be  vertical 
with  the  turbine  end  of  the  machine  up.  The  vertical  installation  is  desirable 
in  that  the  radial  bearings  will  be  unloaded  at  start-up;  and  the  rotor  will  be 
free  of  the  normal  thrust  bearing  reaction  surface,  resting  against  sapphire 
pins  provided  for  this  purpose.  Furthermore,  the  vertical  installation  will 
prevent  natural  convective  heat  transfer  from  developing  objectiveable  cir¬ 
cumferential  thermal  gradients  in  the  components.  Locating  the  turbine  end 
up  will  help  in  containing  the  turbine  section  heat  flux  in  the  hot  section  of  the 
unit. 


The  CRU  is  enclosed  by  a  cylindrical  shell,  which  in  combination 
with  the  sub-base  and  end  closure,  contains  the  CRU  ambient  pressure  of 
approximately  1850  psi.  .At  the  pump  end  of  the  CRU,  the  pump  bearing 
housing  is  "O"  ring  sealed  to  the  end  closure  to  form  a  pump  discharge 
plenum,  and  the  pump  inlet  passage.  These  cylindrical  "O"  ring  seals  permit 
axial  freedom  of  the  CRU  with  respect  to  the  end  closure  to  accommodate 
build-up  tolerances  and  thermal  effects. 
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b.  Principal  CRU  Structure 

The  principal  CRU  structure  is  provided  by  the  two  bearing  housings, 
and  the  connecting  housing  as  shown  in  Figure  41.  All  inertial  loads  will  be 
reacted  by  this  rigid,  close-coupled  supporting  structure.  With  the  exception 
of  the  pump  discharge  plenum,  the  CRU  structural  components  do  not  contain 
significant  differential  pressures.  However,  a  moderate  axial  load  is 
imposed  on  the  CRU  structure  as  a  result  of  the  turbine  inlet  passage  and 
pump  discharge  plenum  pressure  effects.  The  basic  conical  form  of  the 
bearing  housings  was  adopted  for  effective  handling  of  the  axial  load. 

A  major  design  difficulty  exists  at  the  attachment  of  the  turbine 
bearing  housing  to  the  sub-base  due  to  the  wide  temperature  disparity  be¬ 
tween  these  two  components.  As  previously  described  under  Turbine  Design, 
the  bulk  of  the  sub-base  is  expected  to  come  to  an  equal  equilibrium  temper¬ 
ature  of  approximately  1100°F.  This  would  indicate  a  sub-base  local  temp¬ 
erature  of  about  1000°F  in  the  vicinity  of  the  turbine  bearing  housing  attach¬ 
ment.  The  turbine  bearing  housing  bulk  temperature  is  expected  to  be  450°F, 
which  suggests  a  temperature  of  about  650°F  at  the  sub-base  attachment 
flange,  since  most  of  the  200-watt  heat  flux  from  the  scroll  is  introduced 
into  the  turbine  bearing  housing  at  this  location.  In  order  to  effect  a  reason¬ 
able  thermal  match  at  the  attachment,  a  low  coefficient  of  thermal  expansion 
material  was  selected  for  the  sub-base  (M252  or  INCO  713)  in  combination 
with  a  302  turbine  bearing  housing  material  which  provides  a  relatively  high 
coefficient  of  thermal  expansion.  If  more  detailed  analysis  (using  the  results 
of  the  heat  transfer  tests)  indicate  that  unacceptably  high  thermal  strains  will 
exist  at  this  location,  it  will  be  necessary  to  revise  the  turbine  bearing  hous¬ 
ing  (and  in  particular,  the  fin  configuration)  to  promote  higher  temperatures 
at  the  sub-base  attachment  flange.  In  addition,  minor  changes  to  the  turbine 
bearing  housing  will  allow  for  more  elastic  accommodation  of  the  induced 
thermal  strain  by  allowing  deformation  of  the  cylindrical  portion  of  the  tur¬ 
bine  bearing  housing  that  joins  the  sub- base  attachment  flange  to  the  main 
portion  of  the  turbine  bearing  housing.  This  will  require  changing  the  axial 
fins  to  circumferential  fins. 

The  cylindrical  shell  that  connects  the  two  bearing  housing  will  be 
at  a  mean  temperature  of  about  275°F.  This  part  will  be  machined  from 
either  304  or  321  pipe.  The  pump  bearing  housing  will  be  at  an  average 
temperature  of  approximately  120°F  and  will  be  machined  from  302  bar  stock. 

c.  Alternator  Installation 

The  alternator  stationary  components  are  assembled  into  a  single, 
self-sufficient  structural  unit.  The  assembly  is  mounted  on  the  pump  bear¬ 
ing  housing  with  six  bolts  that  axially  fix  the  alternator.  Radial  constraint 
is  provided  by  close-fitting  the  alternator  outer  housing  within  the  CRU 
structure  interconnecting  housing. 
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d.  Rotor  Design 


The  rotor  construction  features  a  titanium  through  bolt  made 
integral  with  the  pump  rotor.  The  thrust  bearing  runner,  radial  bearing 
runners,  alternator  rotor,  and  turbine  rotor  are  assembled  on  the  through 
bolt  and  locked  in  position  by  a  shaft  nut.  There  seemed  to  be  a  possibility 
at  least,  of  using  a  solid  alternator  rotor  with  stub  extensions  from  both 
ends  on  which  to  assemble  the  bearing  runners,  turbine  and  pump  rotors. 
However,  the  decisive  advantages  of  die  through-bolt  design  include: 

1.  The  alternator  subcontractor  is  relieved  of  the 
problem  of  providing  highly  critical  bearing  and 
turbomachinery  mounting  features  resulting  in 

a  much  simpler  inter-face  definition  and  hardware 
implementation  effort. 

2.  The  radial  bearings  can  be  isolated  from  thermal 
and  rotational  strains  in  the  alternator  rotor,  which 
might  otherwise  adversely  affect  the  bearing  per¬ 
formance. 

3.  The  pump  can  be  made  integral  with  the  through  shaft 
thereby  avoiding  a  difficult  mounting  and  clamping 
problem. 

4.  The  heat  flow  from  the  hot  end  of  the  unit  to  the  pump 
end  through  the  rotor  is  reduced  by  the  mechanical 
coupling  of  the  rotor  components  and  the  use  of  a  thin- 
walled,  low  conductivity  material,  through  shaft. 

5.  It  is  possible  to  use  a  very  low  coefficient  of  expansion 
radial  bearing  runner  material  (in  conjunction  with  a 
low  coefficient  of  expansion  bearing  stator  material) 

in  order  to  minimize  the  dimensional  effects  of  off- 
design  bearing  component  temperatures. 

6.  The  use  of  a  low  modulus  of  elasticity  material  for 
the  through  shaft  facilitates  the  use  of  shrink  fits  at 
assembly  which  will  maintain  interference  fits  under 
operating  conditions. 

A  preliminary  check  of  the  rotor  design  was  completed  to  establish 
fit-up  requirements  between  the  rotor  components  and  the  through- bolt  to 
ensure  that  under  operating  conditions  (temperature  and  inertial  deforma¬ 
tion)  the  components  were  in  radial  contact  with  the  through-bolt,  and  that 
the  axial  clamp  load  remained  sufficient  to  transmit  the  turbine  torque  by 
friction  coupling  of  the  adjoining  parts.  This  calculation,  and  sample  results, 
are  shown  in  Figure  42. 

e.  Bearing  Construction 

The  radial  bearings  consist  of  a  runner  which  is  part  of  the  rotor 
assembly  and  a  stator  which  is  pinned  to  the  bearing  housing.  In  order  to 
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minimize  the  effect  that  temperature  will  have  on  the  design  point  bearing 
operating  clearances,  both  the  runner  and  stator  will  be  made  from  very  low 
coefficient  of  thermal  expansion  materials.  The  runner  will  be  made  from  a 
36%  nickel-iron  alloy  (Invar)  and  graphite  will  be  used  for  the  stator.  The 
graphite  stator  would  also  appear  to  have  the  advantage  of  being  tolerant  of 
momentary  surface  contacts  in  the  bearing  (as  might  occur  during  start-up) 
without  resulting  in  seizure  or  serious  bearing  damage.  The  graphite  stator 
design  conditions  were  reviewed  by  the  Pure  Carbon  Company  of  St.  Marys, 
Pennsylvania.  Their  recommendation  was  to. use  Purebon  3310  compound. 
They  expressed  a  high  degree  of  confidence  that  the  (dry)  CO2  environment 
and  500°F  local  temperatures  will  not  be  a  problem  to  the  graphite. 

The  bearing  stator  cannot  be  fixed  rigidly  to  the  bearing  housing 
because  at  operating  temperature,  the  disparity  between  the  two  coefficients 
of  thermal  expansion  would  produce  prohibitively  high  thermal  strains.  In 
order  to  overcome  this  difficulty,  the  pins  that  position  the  stator  to  the 
housing  pass  through  radially  elongated  holes  in  the  stator  as  shown  in  Figure 
43.  In  this  manner,  the  radial  position  of  the  stator  is  closely  controlled  by 
the  pins,  but  symmetrical  thermal  changes  in  the  two  parts  are  unconstrained. 

The  high  pressure  fluid  used  to  hydrostatically  load  the  radial  bear¬ 
ings  (see  above.  Bearing  Analysis)  is  transported  between  the  bearing  housing 
and  stator  by  a  tube  located  on  the  periphery  of  the  stator.  The  tube  runs 
circumferentially  for  approximately  120°  before  terminating  in  radial  sections 
that  are  cemented  to  the  stator  and  housing.  This  arrangement  for  the  high 
pressure  supply  tube  will  permit  unhindered  movement  of  the  stator  relative 
to  the  housing.  A  radial  passage  through  the  stator  transports  the  high 
pressure  fluid  to  the  loading  pocket  located  on  the  bore  of  the  stator  opposite 
the  load  supporting  arc  of  the  bearing. 

f.  Pressure  Containment 

The  pressure  containment  cylindrical  housing  will  be  fabricated  from 
7075-T6  aluminum  alloy.  The  housing  will  be  thermally  insulated  on  the 
outside  so  that  the  housing  metal  temperature  will  be  approximately  250°F. 

The  temperature  at  the  sub-base  attachment  flange  is  expected  to  stabilize 
at  300°F.  The  thermal  strain  induced  by  the  rigid  attachment  of  the  housing 
to  the  sub-base  will  produce  a  hoop  stress  in  the  shell  of  about  25,  000  psi. 

This  stress  is  well  below  the  yield  strength  of  the  material;  including  the 
50%  reduction  in  yield  strength  that  results  from  a  1000-hour  exposure  to 
300°F.  (Ref.  17).  At  290°F,  the  1000  hour  degradation  is  only  80%,  so  that 
the  pressure  containment  stress  of  about  35,000  psi  will  not  present  any 
difficulty.  The  end  closure  will  be  machined  from  7075-T6  plate.  All  pen¬ 
etrations  through  the  end  closure  are  reinforced,  so  that  stress  levels  through¬ 
out  the  end  closure  are  maintained  at  moderate  levels. 

In  order  to  restrict  the  heat  flow  from  the  sub- base  into  the  cylin¬ 
drical  housing  at  the  attachment  flange,  the  sub-base  contacting  surface  will 
be  given  a  relatively  thick  coating  (.06  inch)  of  the  ZrOg  thermal  coating. 

The  contacting  surface  of  the  aluminum  housing  will  be  hard  anodized.  In 
addition,  the  flange  of  the  housing  will  be  relieved  outboard  of  the  metallic 
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"O"  ring  seal  so  that  the  actual  contact  area  between  the  two  parts  will  be 
minimized.  Should  it  be  found  that  these  precautions  are  inadequate  to 
restrict  the  heat  flow  to  an  acceptable  level,  there  would  be  no  difficulty  in 
using  multiple  layers  of  ceramic  thermal  insulators  between  the  clamped 
surfaces. 

The  ambient  fluid  surrounding  the  CRU  will  be  continually  circulated 
(introduced  through  the  end  closure  and  discharged  through  the  sub-base)  to 
maintain  design  point  pressure  and  temperature. 

9.  TURBINE  FABRICATION 

Since  the  salient  purpose  of  the  10  kW  Feher  cycle  CRU  test  program  is 
to  demonstrate  predicted  turbomachinery  performance,  the  fabrication 
quality  of  these  components,  and  particularly  the  turbine,  is  of  utmost 
importance. 

The  opinion  that  was  available  prior  to  the  investigation  concerning  the 
producibility  of  the  small,  dimensionally  exacting,  turbine  blades  required 
for  the  Feher  cycle  10  kW  turbine  was  rather  negative.  However,  it  became 
apparent  that  this  judgment  was  based  on  superficial  considerations  and  very 
little  actual  experimentation  with  different  manufacturing  approaches.  In 
order  to  obtain  a  high  degree  of  certainty  that  the  turbine  quality  necessary 
to  demonstrate  the  predicted  efficiency  could  indeed  be  produced  in  a  reason¬ 
able  time  and  at  an  acceptable  cost,  the  drawing  of  a  representative  turbine 
shown  in  Figures  44  through  46,  was  prepared.  The  drawing  reflects  a 
quality  somewhat  better  than  that  which  would  be  considered  as  the  minimum 
acceptable  level  with  respect  to  blade  contour  control,  surface  roughness, 
fillet  radii,  and  positioning  allowances.  The  drawing  describes  a  welded 
construction  using  individually  produced  blades  inserted  into  gear  teeth  slots 
on  the  hub  periphery  to  form  the  bladed  assembly.  However,  all  the  vendors 
that  were  contacted  were  encouraged  to  consider  and  propose  integral  fab¬ 
rications  (blades  and  hub  produced  from  a  one-piece  blank)  as  well  as  alter¬ 
native  welded  or  brazed  construction. 

In  all,  the  drawing  was  reviewed  by  20  vendors  as  well  as  Douglas 
manufacturing  specialists.  Of  these,  six  contacts  including  five  vendors, 
will  be  reported  on  in  some  detail  since  these  responses  have  been  respon¬ 
sible  for  the  high  degree  of  confidence  that  exists  on  the  feasibility  of  pro¬ 
ducing  the  required  turbine. 

Specific  permission  to  release  quotation  data  from  each  of  the  five 
vendors  has  not  been  obtained.  Therefore,  all  five  vendors  will  be  referred 
to  by  pseudonym  in  the  description  of  their  quotations.  The  vendors  involved 
are  as  follows,  but  not  in  the  order  of  the  following  descriptions: 

Mechanical  Specialties,  Inc. 

L>os  Angeles,  California 

Fumo  Company 

Pomona,  California 
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Figure  44.  Turbine  Assembly  10  kW  Feller  Engine 


Figure  45.  Turbine  Rotor 


Genie  Enterprises 
Van  Nuys,  California 

Jet  Gamma  Research  and  Manufacturing  Company 
Gardena,  California 

Metem  Corporation 
Parsippany,  New  Jersey 

a.  Douglas  Company  Welding  Facility 
Santa  Monica,  California 

The  electron  beam  welding  process  for  attaching  individual  blades 
to  the  rotor  hub  was  reviewed  by  Douglas  welding  experts.  Douglas  operates 
a  modern  Sciaky  unit  at  Santa  Monica  for  both  manufacturing  research  and 
limited  production.  For  the  most  part,  electron  beam  welding  technique  has 
advanced  to  the  present  SOA  through  the  efforts  of  the  few  large  aircraft 
manufacturers  who  have  perfected  the  process  for  their  requirements.  In 
reviewing  the  CRU  turbine,  the  Douglas  welding  specialists  recommended 
several  minor  revisions  to  the  drawing  and  on  this  basis,  submitted  the 
following  ROM  estimates: 


One  turbine  assembly 
Five  turbine  assemblies 


$1000 

1200 


There  is  a  high  confidence  that  the  electron  beam  welding  operation 
will  be  successful  although  some  risk  exists  on  the  ability  to  satisfactorily 
fixture  all  the  blades.  This  uncertainty  stems  primarily  from  the  fact  that 
locating  the  blades  accurately  to  the  hub  and  to  each  other  represents  a  new 
problem.  However,  it  does  appear  that  the  self-positioning  feature  of  the 
gear  tooth  root  attachments  in  conjunction  with  a  circumferential  clamping 
ring  will  satisfy  the  blade  location  requirements. 

b.  Company  A 

Company  A  considered  the  welded  construction  too  costly  to  be 
practical  and  as  a  result,  their  efforts  have  been  directed  at  producing  ar 
integral  blade  and  hub  fabrication  from  a  one-piece  blank  by  the  electrical 
discharge  machining  (EDM)  process.  Their  initial  offer  was  to  use  con¬ 
ventional  EDM  technique  using  a  solid  electrode  that  produces  the  pressure 
side  of  one  blade  and  the  suction  side  oi  the  adjacent  blade  simultaneously. 
They  proposed  a  best-effort  arrangement  so  that  manufacturing  quality  would 
not  be  guaranteed.  After  reviewing  this  proposal,  it  was  decided  that  the 
chances  for  obtaining  a  high  quality  turbine  fabrication  by  this  method  was 
too  slight  to  justify  the  risk  of  a  best-effort  procurement.  A  suggestion  was 
made  to  Company  A  to  consider  a  hollow  electrode  so  that  both  sides  of  the 
blade  could  be  produced  simultaneously.  The  vendor  undertook  a  low  budget 
in-house  exploratory  effort  and  developed  a  broaching  technique  to  produce 
a  hollow  brass  electrode.  This  electrode  was  then  used  to  produce  a  fairly 
good  facsimile  of  the  required  blade  contour  on  a  steel  hub.  With  these 
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encouraging  results,  Company  A  has  now  submitted  a  quotation  for  the  tur¬ 
bine  assembly  as  follows: 

One  turbine  assembly 

Two  turbine  assemblies 

Five  turbine  assemblies 

c.  Company  B 

Company  B  is  interested  in  producing  the  turbine  either  as  a  weld¬ 
ment  or  as  an  EDM  integral  unit.  After  a  detailed  review  conducted  at 
Astropower  with  representatives  from  Company  B,  it  was  concluded  that 
their  confidence  of  being  successful  was  higher  with  the  one-piece  fabrication, 
and  that  the  welded  design  would  only  be  less  expensive  in  an  easier  machining 
material. 

Their  objection  to  the  welded  design,  although  intuitive  rather  than 
specific,  concerned  the  fixturing  of  the  blades  during  the  welding  process. 
Since  Company  B  would  subcontract  the  welding,  they  seem  disinclined  to 
become  overly  involved  in  an  unfamiliar  area.  Their  approach  to  the  EDM 
f  'hnique  is  to  use  a  hollow  graphite  electrode  machined  in  two  pieces  and 
en  pinned  together.  Company  B's  confidence  in  being  able  to  produce  the 
turbine  is  extremely  high.  Their  firm  quotation  for  the  completed  turbine 
assembly  is: 

One  turbine  assembly 

Two  turbine  assemblies 

Five  turbine  assemblies 

d.  Company  C 

Company  C  is  confident  of  being  able  to  machine  the  individual 
blades  and  hub  per  drawing  but  express  concern  for  tool  life  in  machining 
INCO  718.  As  a  result,  their  quotation  reflects  a  factor  of  2  to  cover  this 
uncertainty  and  their  bid  is  qualified  to  allow  for  still  more  tooling  costs. 

Their  quotation  is  as  follows: 

One  turbine  assembly  w/o  welding  $2605  ea 

Two  turbine  assemblies  w/o  welding  2385  ea 

Five  turbine  assemblies  w/o  welding  2355  ea 

e.  Company  D 

Company  D  is  highly  specialised  in  pantograph  milling  of  miniatur¬ 
ised  precision  components.  They  expressed  a  high  confidence  in  being  able 
to  produce  individual  blades  to  print.  Their  quotation  is  as  follows: 


$3925  ea 
2860  ea 
2200  ea 


$5300  ea 
4150  ea 
3460  ea 
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One  turbine  Assembly  w/o  welding  $2045  ea 

Two  turbine  assemblies  w/o  welding  1222  ea 

Three  turbine  assemblies  w/o  welding  912  ea 

f.  Company  E 

Company  E  has  been  highly  successful  in  producing  a  variety  of 
complex,  intricate  components  for  the  aerospace  and  turbomachinery  indus¬ 
tries.  Due  to  a  lack  of  familiarity  with  INCO  718,  the  following  quotation 
was  submitted  based  on  a  321  or  316  type  material: 

One  turbine  assembly  w/o  welding  $1228  ea 

Two  turbine  assemblies  w/o  welding  833  ea 

Five  turbine  assemblies  w/o  welding  578  ea 

As  a  result  of  the  turbine  producibility  survey,  the  following  con¬ 
clusions  have  been  reached: 

1.  The  best  EDM  technique  is  to  machine  the  blades  integral 
with  the  hub  from  a  one-piece  blank  using  a  holiow  electrode. 
Cost  for  two  turbine  assemblies  would  be  $2960  each; 

2.  The  approximate  cost  for  two  welded  assemblies  in 
INCO  718  would  be  $1875  each,  and  approximately 
$1200  each  in  a  321  or  316  type  material; 

3.  The  confidence  of  being  able  to  produce  a  satisfactory 
turbine  assembly  in  either  manner  is  very  good.  The 
integral  design  warrants  a  higher  confidence  rating  in 
view  of  the  potential  blade  fixturing  problem  in  the 
welded  construction. 

Therefore,  a  cost-effective  course  of  action  would  be  to: 

1.  Initiate  the  procurement  of  five  welded  turbine  assemblies 
fabricated  from  321.  These  turbines  would  be  used  for  air 
turbine  tests  and  initial  CRU  operation  at  reduced  turbine 
inlet  temperatures;  as  well  as  limited  time  at  full  temper¬ 
ature.  This  would  allow  for  low-cost  turbines  during  the 
phase  of  the  program  when  the  risk  of  losing  turbines  due 
to  mechanical  failure  is  relatively  high.  Furthermore,  if 
the  need  for  basic  design  changes  becomes  evident  as  a 
result  of  the  early  test  work,  the  lower  cost  turbines  will 
minimize  replacement  cost. 

2.  Procure  two  EDM  turbines  when, 

(a)  the  turbine  design  is  judged  satisfactory  and  suitable 
for  extended  testing,  or  when 
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(b)  turbine  availability  becomes  the  pacing  item  for 
the  test  program  due  to  fabrication  problems  with 
the  welded  construction;  whichever  occurs  first. 

10.  INSTRUMENTATION 

a.  Purpose  of  Instrumentation 

The  CRU  instrumentation  is  shown  in  Figure  47.  The  purpose  of 
this  instrumentation  can  be  divided  into  four  major  categories  as  follows: 

1.  to  generate  sufficient  data  for  the  evaluation  of  turbo¬ 
component  performance,  and  to  enable  the  cause  of 
any  discrepancies  between  observed  and  expected 
performance  to  be  determined, 

2.  to  generate  sufficient  data  from  which  overall  CRU 
system  performance  can  be  calculated,  and  to  allow 
for  a  detailed  accounting  of  all  fluid  and  energy  flows 
within  the  CRU, 

3.  to  provide  data  from  which  the  thermal  profile  of  the 
structural  members  of  the  CRU  can  be  studied,  and 

4.  to  give  warning  of  potentially  dangerous  conditions 
that  could  cause  damage  to  the  CRU. 

b.  Measurements  Required  and  Methods 

For  evaluating  turbine  performance,  the  measurements  required 
will  be  inlet  and  outlet  temperatures  and  inlet  and  outlet  pressures.  Similar 
measurements  will  be  required  on  the  pump  to  allow  evaluation  of  pump 
performance.  Because  the  differences  between  inlet  and  discharge  tempera¬ 
tures  will  be  small,  especially  at  the  pump,  direct  measurement  of  these 
temperatures  will  require  a  very  high  degree  of  accuracy  to  obtain  high 
quality  performance  data.  After  consulting  with  instrumentation  specialists, 
it  has  been  determined  that  each  of  these  measurements  can  be  obtained  with 
acceptable  accuracy  by  the  use  of  a  differential  thermocouple  circuit,  together 
with  a  high  accuracy  deviation  amplifier  and  a  potentiometer  recorder.  By 
using  this  technique,  the  voltage  difference  between  the  two  junctions  can  be 
directly  measured.  This  direct  measurement  of  a  relatively  small  difference 
voltage  will  be  intrinsically  of  higher  accuracy  than  the  independent  measure¬ 
ment  of  two  large  absolute  voltages  and  the  interpretation  of  a  temperature 
difference  from  them.  Great  care  will  be  required  in  making  each  of  the 
thermocouple  installations  in  a  differential  pair  as  identical  as  possible, 
especially  in  die  case  of  the  turbine,  There  will  be  heat  flowing  from  the 
gas  to  the  thermocouple  and  out  the  thermocouple  stem  to  die  surrounding 
ambient.  This  heat  flux  will  be  a  result  of  temperature  gradients  and  will 
cause  a  difference  between  the  temperatures  of  the  gas  scream  and  the 
thermocouple  junction.  The  use  of  good  insulation  will  help  considerably  to 
prevent  this  heat  flux.  If  the  physical  thermocouple  installation  is  similar 
on  the  turbine  inlet  and  outlet,  the  error  due  to  thermal  gradients  is  also 
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similar  and  the  net  error  in  measuring  the  temperature  differential  will  be 
small.  Using  a  deviation  amplifier,  such  as  the  Honeywell  Model  80521,  the 
pump  and  turbine  differential  temperatures  will  be  recorded  with  an  accuracy 
of  ±2%.  The  absolute  temperatures  will  be  sensed  with  thermocouples  and 
recorded  on  multipoint  potentiometer  recorders  with  an  accuracy  of  ±1%. 

A  similar  measurement  philosophy  will  be  adopted  for  the  pressure 
measurements  required.  One  of  the  end  pressures  on  each  turbomachine  will 
be  measured  directly  using  a  high  accuracy,  calibrated  bourdon-type  pres¬ 
sure  gage,  and  the  other  end  pressure  will  be  obtained  by  measuring  the 
difference  between  the  two  end  pressures.  The  absolute  and  the  differential 
pressures  will  each  be  accurate  within  *1/2%  using  this  technique. 

In  addition  to  determining  the  overall  performance  of  each  of  the 
turbomachines,  if  is  desired  that  the  internal  flow  conditions  be  compared 
and  these  compared  with  the  design  conditions.  This  will  be  done  by  meas¬ 
uring  the  static  pressure  profiles  along  the  turbomachine  flow  paths.  To 
attain  the  required  degree  of  accuracy,  the  pressures  defining  these  profiles 
will  be  measured  with  differential  pressure  gages  relative  to  another  pressure 
within  the  flow  system.  The  turbine  inlet  to  nozzle  outlet  and  the  nozzle 
outlet  to  wheel  outlet  differential  pressures  will  provide  data  for  calculating 
the  degree  of  turbine  reaction.  The  pump  inlet  to  diffuser  inlet  and  the 
diffuser  inlet  to  diffuser  outlet  differential  pressures  will  allow  for  calcu¬ 
lating  diffuser  pressure  recovery.  Three  measurements  will  be  made  at 
each  location  to  show  the  circumferential  flow  distributions  and  to  provide 
data  reliability  through  redundancy. 

To  provide  a  permanent  record,  certain  pressure  measurements 
that  completely  define  the  operating  status  of  the  test  assembly  will  be 
sensed  by  pressure  transducers  and  permanently  recorded.  However,  these 
recordings  will  not  provide  the  degree  of  accuracy  attainable  with  the  pres¬ 
sure  gauges  and  will  therefore  not  be  used  for  performance  criteria. 

The  alternator  electrical  power  output  will  be  measured  with  an 
accuracy  of  *1%  using  a  voltmeter,  ammeter  and  wattmeter  on  each  of  the 
three  phases.  Electrical  output  frequency  will  be  determined  with  an 
accuracy  of  *1  Hz  on  an  electronic  counter.  This  measurement  will  also 
determine  the  rotor  rotational  speed,  since  the  alternator  is  synchronous. 
Approximately  six  thermocouples  will  be  located  in  the  alternator  assembly 
to  measure  the  temperature  at  various  points  within  the  stator  and  the  field 
windings.  These  measurements  will  be  necessary  for  computing  the  alter¬ 
nator  I*R  losses.  A  hermetically  sealed  thermocouple  wire  bulkhead 
connector  will  pass  the  thermocouple  wires  through  the  pressure  enclosure 
as  shown  in  Figure  40. 

The  turbine,  pump  and  alternator  instrumentation  as  described  will 
permit  evaluating  the  performance  of  these  components  separately.  To 
establish  a  more  complete  under  standing  of  the  relationships  between  these 
components,  and  to  determine  the  magnitude  and  source  of  leakages  of  fluid, 
thermal  energy  or  both,  within  the  CRU  as  a  whole,  it  will  be  necessary  to 
add  other  instrumentation.  Each  journal  bearing  will  be  supplied  with  a 
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stream  of  pressurized  working  fluid  that  will  provide  a  stabilizing  force  upon 
the  journal  and  will  also  supply  fresh  cool  fluid  to  the  bearing  film.  An  add¬ 
itional  flow  of  pressurized  working  fluid  will  flow  over  the  alternator  and 
turbine  bearing  support  structure.  This  flow  will  collect  the  thermal  loads 
resulting  from  the  alternator  electrical  and  windage  losses  and  will  also  cool 
the  turbine  casing  and  help  to  establish  the  desired  temperature  distribution 
in  the  structure  connecting  the  turbine  to  the  alternator.  The  cooling  flow 
and  the  two  bearing  flows  will  be  mingled  within  the  CRU  outer  case  and  then 
extracted  through  a  single  port.  The  temperature  pressure  and  flow  rate  of 
each  of  the  three  injected  streams  and  of  the  co-mingled  exit  stream  will  bd 
measured.  These  measurements,  together  with  the  turbine,  pump  and  alter¬ 
nator  measurements  already  described,  and  additional  measurements  of  the 
turbomachine  flow  rates  will  enable  an  overall  energy  balance  to  be  made  for 
the  entire  CRU.  This  will  then  permit  estimates  to  be  made  of  the  internal 
leakage  flows  that  are  not  directly  measured  and  of  the  windage  losses 
attributable  to  the  rotor  and  bearings.  Flow  rates  will  be  sensed  with  tur¬ 
bine  type  flow  meters  and  read  on  electronic  counters  with  an  accuracy  of 
1%.  The  a.  c.  output  signal  of  the  flow  meters  will  also  be  converted  to  a 
proportional  d.  c.  signal  and  be  recorded  with  an  accuracy  of  ±2%.  The  bear¬ 
ing  hydrostatic  loading  flow  rates  will  be  measured  with  a  laminar  flow  meter 
of  the  type  manufactured  by  National  Instrument  laboratories,  Inc.  These 
flow  meters  have  the  capability  of  measuring  liquid  flow  rates  in  the  order  pf 
0.0$  gallons  per  minute  with  an  accuracy  of  ±1%.  { 

In  addition  to  the  primary  performance  temperature  measurements 
shown  in  Figure  47,  approximately  20  additional  secondary  temperature 
measurements  will  be  recorded  throughout  the  CRU  structure  from  which  the 
thermal  profile  and  internal  heat  flows  of  the  CRU  can  be  studied,,  The  main 
purpose  of  these  measurements  will  be  to  determine  the  degree  of  symmetry 
of  these  heat  flows  and  to  monitor  radial  and  thrust  be  .  .’ing  temperatures. 
Some  of  these  measurements  will  also  assist  in  accounting  heat  energy  flows 
within  the  CRU.  Others  will  serve  to  indicate  excessively  asymmetrical 
temperature  distributions  or  excessive  temperature  levels  that  could  result 
in  damage  to  the  CRU  if  allowed  to  continue  or  worsen.  ^ 

Two  other  additional  measurements  will  be  taken  that  will  monitor 
the  operation  of  the  bearings  and  of  the  rotating  assembly  in  general,  funtp 
and  turbine  bearing  vibration  will  be  sensed  by  mounting  'Accelerometer* 
externally  on  the  CRU  outer  case  flanges.  After  consulting  with  vibration 
specialists,  it  was  determined  that  an  accelerometer  mounted  externally 
on  the  outer  case  turbine  end  flange  would  also  be  able  to  detect  a  hit  of  the 
turbine  blades  against  a  small  pin  located  in  the  iurbine  wheel  shroud. 
Approximately  eight  small  diameter  pins  constructed  from  a  soft  metallic 
material  will  be  positioned  around  the  circumference  of  the  turbine  wheel 
shroud.  Using  a  shroud  so  equipped,  that  will  ale o  be  dimensioned  to  give 
a  relatively  large  turbine  blade  tip  clearance,  initial  testing  will  be  carried 
out  that  will  determine  the  amount  of  any  thermal  distortion  occurring  in  the 
turbine  shroud  and  its  support  structure  without  risking  severe  damage  to  the 
turbine  wheel.  After  running  such  tests  and  solving  any  thermal  distortion 
problems  that  may  arise,  it  will  be  possible  to  reduce  the  operating  turbine 
blade  tip  clearance  to  the  design  value  of  ,  001  inch  and  proceed  with  the 
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performance  testing  program.  Accelerometers  and  charge  amplifiers  such 
as  the  Endevco  Models  2271 A  and  271 3B  will  be  used.  With  the  expected  low 
level  of  background  noise,  this  equipment  should  give  a  definite  indication  of 
metal  to  metal  contact  of  either  the  bearings  or  the  turbine  blade  tips  striking 
the  shroud  pins. 

c.  Turbine  and  Pump  Instrumentation  Assemblies 

The  majority  of  the  instrumentation  to  be  used  is  conventional  and 
therefore  presents  no  particular  problem  to  a  competent  technician.  The 
small  dimensions  of  the  pump  and  turbine  assemblies  and  the  large  number 
of  measurement  taps  desired  has  resulted  in  considerable  study  of  the  prob¬ 
lems  involved.  The  following  represents  the  results  of  this  study  and  defines 
in  specific  terms  the  methods  that  will  be  used  to  construct  and  install  the 
more  difficult  of  the  instrumentation  probes  required. 

Figure  48  is  an  enlargement  of  the  turbine  section  of  the  CRU 
assembly  as  shown  in  Figure  39.  All  temperature  probes  and  pressure  tubes 
shown  for  the  turbine  will  be  1/ 16-inch  outside  diameter.  The  turbine  outlet 
temperature  probes  will  be  installed  on  the  diffuser  centerbody  assembly.  A 
typical  thermocouple  probe  will  be  fully  sheathed  and  sealed  into  the  wall  with 
a  Swagelok  compression  fitting.  The  thermocouple  end  will  be  supported  in 
the  turbine  exhaust  gas  stream  by  a  small  bracket  spot  welded  to  the  thermo¬ 
couple  sheath  and  to  the  centerbody  surface.  This  will  ensure  accuracy  of 
position  and  resistance  to  vibratory  forces.  Flow  area  blockage  will  be 
minimal.  All  of  the  probes  will  be  mounted  on  the  centerbody  and  checked 
prior  to  the  installation  of  the  complete  assembly  in  the  turbine  end  hoxising. 

The  turbine  outlet  static  pressure  tap  holes  will  be  machined  through 
from  the  turbine  inlet  plenum.  Small  tubes  welded  or  nickel  brazed  to  the 
turbine  end  housing  will  connect  the  pressure  tap  holes  to  fittings  accessible 
on  the  outer  wall  of  the  turbine  end  housing. 

The  turbine  wheel  outlet  and  the  nozzle  outlet  static  pressure  tap 
holes  will  be  connected  to  tubes  nickel  brazed  into  countersunk  recesses  in 
the  outside  surface  of  the  turbine  shroud.  This  brazing  operation  will  be 
performed  prior  to  the  final  machining  of  the  shroud  inside  surface  to  ensure 
dimensional  stability  and  accuracy  of  the  shroud  bore.  The  turbine  inlet 
temperature  and  total  pressure  probes  will  be  attached  to  the  outside  of  the 
turbine  shroud  with  small  brackets  resistance  welded  in  place.  Upon  assembly 
of  the  turbomachine ,  the  shroud  with  its  instrumentation  will  be  bolted  to  the 
turbine  end  housing.  Each  of  the  tubes  and  thermocouples  attached  to  the 
turbine  shroud  will  be  sealed  through  the  outer  wall  of  the  turbine  end  housing 
by  a  Swagelok  compression  fitting.  These  leads  will  have  excess  length  that 
will  be  coiled  within  die  turbine  inlet  plenum.  The  extra  length  will  allow 
repeated  assembly  and  disassembly  of  the  turbine  ehroud.  Each  time  it  is 
required  to  remove  the  shroud,  it  will  only  be  necessary  to  cut  off  a  short 
length  of  each  of  the  instrumentation  lead  including  the  compression  fitting 
ferrule  with  which  is  swaged  to  the  lead.  On  reassembly,  a  new  ferrule  will 
be  installed  and  each  lead  will  be  pulled  through  a  little  further  than  before. 
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Figure  49  is  an  enlargement  of  the  pump  section  of  the  CRU  assembly 
as  shown  in  Figure  39  of  the  design  section  of  this  report.  All  the  tempera¬ 
ture  probes  shown  for  the  pump  will  be  1/32  inch,  outside  diameter.  The 
pump  outlet  temperature  probes  will  be  seal  bonded  through  the  wall  of  the 
pump  end  bearing  support,  as  shown.  The  thermocouple  ends  will  be  sup¬ 
ported  by  small  brackets  from  the  diffuser  assembly  after  the  diffuser  is 
attached  to  the  pump  end  bearing  support.  The  thermocouple  wires  will  pass 
through  the  outer  case  pump  end  cover  by  means  of  a  hermetically  sealed 
thermocouple  wire  bulkhead  connector.  Excess  thermocouple  wire  is  left 
within  the  cavity  to  allow  for  repeated  assembly  and  removal  of  the  cover. 

The  pump  inlet  temperature  probes  will  be  seal  bonded  through  Idle 
wall  of  the  pump  inlet  plenum.  The  thermocouple  ends  of  the  probes  will  be 
supported  by  a  spider  type  bracket  bonded  to  the  probes.  This  bracket  will 
be  a  slip  fit  in  the  pump  inlet  passage.  The  inlet  plenum  and  the  temperature 
probes  can  therefore  be  installed  as  a  unit  into  the  pump  inlet  duct. 

The  pump  diffuser  assembly  and  pump  end  bearing  support  will  be 
ported  to  sense  the  pump  diffuser  inlet  and  outlet  static  pressures.  For  each 
port,  an  "O"  ring  seal  is  provided  at  the  interface  between  the  diffuser 
assembly  and  the  pump  end  bearing  support  to  prevent  leakage  to  or  from 
the  pump  outlet  plenum.  A  1/ 16-inch  outside  diameter  tube  is  seal  bonded 
into  each  of  the  counterbores  at  the  end  of  the  ports  in  the  pump  end  bearing 
support.  The  tubes  are  then  fed  through  a  Swagelok  fitting  in  the  outer  case 
pump  end  cover.  Excess  length  of  tubing  is  left  within  the  end  cover  cavity 
to  allow  for  repeated  assembly  and  disassembly  of  the  CRU. 

A  slight  modification  of  the  CRU  outer  case  is  contemplated  that 
would  lengthen  the  cylindrical  part  of  the  CRU  outer  case  at  the  pump  end  by 
about  two  inches.  This  would  enable  all  of  the  internal  instrumentation  to 
be  connected  through  the  cylindrical  wall  of  the  case  instead  of  through  the 
outer  case  pump  end  cover.  The  result  would  be  a  simplification  on  instru¬ 
mentation  installation  because  of  the  increase  in  accessibility.  However, 
full-strength  reinforcement  of  spherical  cut-outs  are  more  readily  managed. 

d.  Data  Error  Analysis 

A  preliminary  examination  has  been  made  of  the  CRU  system  and  of 
its  subcomponents  to  determine  the  effects  of  measurement  inaccuracies  upon 
performance  estimation.  This  is  considered  essential  to  the  program  in 
order  to  establish  the  limits  of  likely  error  in  the  calculated  performance 
figures  and  to  assure  the  design  and  procurement  of  instrumentation  that  is 
wholly  adequate  for  the  desired  purpose. 

The  following  is  an  example  of  how  the  methods  of  error  analysis  can 
be  applied  to  testing  for  the  determination  of  turbine  efficiency  by  shaft  power 
estimation.  It  shows  the  effect  that  the  instrumentation  error  can  have  on  the 
accuracy  of  the  desired  result. 

The  testing  is  conducted  in  two  phases.  The  first  test  consists  of 
motoring  the  pump  with  the  alternator  in  the  CRU  at  the  design  pressure  and 
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temperature  and  flow  conditions.  The  turbine  wheel  is  removed  from  the 
rotor.  The  division  of  power  is  as  shown  below 


Electrical  power  in  =  E. 


Motor  losses  = 

(1-17  )  E. 

'  'm  in 


Hydraulic  power  and  parasitic 
losses  =  W 

P 

and  W  =  r\  E. 

p  'm  in 

The  second  test  consists  of  operating  the  complete  CKU  at  rated 
power.  The  division  of  power  is  now  as  shown. 

Electrical  power  out  =  E 


Turbine  Work  =  — «► 


Alternator  losses 

(1  -  n  )  E 

' a  out 


Hydraulic  power  and  parasitic 
losses  =  W 

P 


T  "  TJ 


+  W 


By  combining  the  results  of  the  two  tests 
E 

W_  =  +  «  E. 

T  'm  in 

The  turbine  isentropic  differential  enthalpy  can  be  shown  to  be  approximated 
by: 

AH =  C  X  (BTU/lb) 


where 


•  .’•(%)  ^ 
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. . ■w.’H?*1*' 


and 


out 


in 


a  Mean  specific  heat  at  constant  pressure  of  the  working 
fluid  during  the  expansion  process.  (BTU/lb  °F) 

=  Turbine  outlet  pressure  (psia) 

*  Turbine  inlet  pressure  (psia) 


y  =  Effective  ratio  of  specific  heats  = 

=  Specific  heat  at  constant  volume 
=  Turbine  inlet  temperature  (°R) 


in 


Recognizing  that  Cp  is  a  function  of  temperature  only  at  the  turbine  operating 
temperatures  and  can  be  handled  as  a  constant,  tne  turbine  ideal  work. 


Wr 


(i*) 


is 


W, 


(i*) 


=  K  F  T 


in 


where 

and 

and 

and, 


F  =  Working  fluid  flow  rate  (lb/ sec) 

K  =  (1.055)  Cp  X 

1. 055  is  constant  of  conversion  from  BTU/sec  to  kW 


W, 


Turbine  efficiency  ~  V  t  ~ 


(is) 


or 


out 


+  Tl  E. 

1  m  in 
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For  the  cycle  pressure  ratio  and  turbine  operating  temperature 
shown  in  Turbo- component  Analysis  section  of  this  report,  the  following  table 
lists  typical  values  for  the  variables  and  their  respective  variations. 


Value 


Variation 


%  Variation 


Eout 

10  kW 

0.  10  kW 

1. 

E. 

5.4  kW 

0.  05  kW 

0. 

in 

^a 

0.9 

0.  01 

1. 

n 

0.  5 

0.  02 

4. 

'  m 

F 

1. 06 

0.  01  lb/sec 

0. 
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1900°R 
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.  0002 
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"lb  °Tr 
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Each  of  the  factors  in  the  above  table  have  been  assigned  a  percent¬ 
age  variation  which  are  considered  to  be  possible  during  the  actual  test 
circumstance.  The  amount  of  the  variation  has  been  set  so  that  a  95%  cer¬ 
tainty  (2  o)  exists  that  the  actual  value  will  be  within  the  stated  variation. 


The  possible  variations  in  the  resulting  component  efficiencies  will 
therefore  have  a  95%  certainty  that  the  true  component  efficiency  will  indeed 
be  within  the  indicated  range. 


Having  established  a  statistical  variation  in  the  values  for  the  various 
quantities  used  to  compute  the  component  efficiency,  it  remains  to  determine 
the  variation  in  the  result. 


From  Schenck  (Ref.  18)  it  is  shown  that  the  following  relationship 

exists. 


where 


R 

€  <R) 

c  (X) 
€  (Y) 
X 

c 

X 

c 


=  f  (X,  Y  .  .  .  .  ) 

=  Variation  in  R 
=  Variation  in  X 
=  Variation  in  Y 
=  Correct  value  of  X 

-  Correct  value  of  Y 


Using  this  relationship  and  the  above  equation  for  turbine  efficiency, 
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Section  IV 


AIR  TURBINE  PRELIMINARY  DESIGN 


1.  DEFINITION  OF  AIR  TEST  CONDITIONS 

Dimensional  analysis  applied  to  turbomachines  shows  for  kinematic 
similarity  any  selected  fluid  velocity  vector,  V,  must  remain  in  the  same  pro¬ 
portion  to  a  corresponding  machine  velocity  vector  at  all  geometrically 
similar  points  within  the  flow  system.  Relating  all  fluid  velocities  to  the 
turbomachine  tip  velocity  U,  this  requirement  may  then  be  expressed  by 
V/U  =  constant.  Relating  these  velocities  to  the  flow  capacity  Q  and  diameter 
D  of  the  turbomachine,  the  expression  becomes 

Q/D2 

=  constant  or 


=  constant. 


If  the  assumption  is  made  that  the  only  forces  acting  on  the  fluid  are 
inertial  forces,  the  relation  between  these  forces  and  the  fluid  velocities  under 
similar  flow  conditions  is 

J  =  P  =  const  pVZ 


Now. 


P  V 

—  =  H  =  const  — 

y  g 


and  since  -  constant, 


then  =  const. 

U 

Again  relating  the  velocity  to  the  diameter  of  the  turbomachine,  the 
expression  becomes 


N2D2 


=  constant  or 


N2D2 


=  constant. 


These  two  basic  relationships  completely  define  similarity  for  turbo- 
machines  operating  with  a  perfect,  inviscid,  incompressible  fluid. 


For  »  rcftl  compressible  fluid.  consideration  must  also  be  taken  of 
viscous  and  elastic  forces  existing  within  the  fluid.  The  viscous  forces  can 
be  correlated  by  considering  a  turbomachine  Reynolds  Number  which  can  be 
expressed  as 

r  *  =  Op 

e  n 

This  Reynolds  Number  allows  a  direct  comparison  between  geometrically 
similar  machines,  but  the  quantities  used  in  its  derivation  do  not  express, 
except  in  the  broadest  terms,  the  nature  of  the  flow  within  the  turbomachine 
passages.  In  order  to  better  define  this  flow,  it  is  more  accurate  to  consider 
the  Reynolds  Numbers  of  the  stator  and  of  the  rotor  separately.  The  rotor 
Reynolds  Number  R  is  expressed  as 


where  w2rel  = 
C  = 

f>2  - 
^2  = 


w,  .  •  C 
2rel 


gas  inlet  velocity  vector  relative  to  rotor 

rotor  blade  chord 
rotor  inlet  density 

rotor  inlet  viscosity 


Test  data  shows  that  a  decrease  of  rotor  Reynolds  Number  below  3x10 
can  be  correlated  with  an  increase  in  various  turbomachine  loss  coefficients. 
In  order  to  assure  that  such  viscous  effects  are  held  to  small  proportions,  it 
is  recommended  that  the  rotor  Reynolds  Number  be  3.  5  x  10^  or  greater. 


Working  fluid  compressibility  effects  can  be  correlated  by  considering  the 
turbomachine  Mach  Number 


This  Mach  Number  expression  allows  a  comparison  between  geometrically 
similar  turbomachines,  but  does  not  represent  the  true  flow  Mach  Numbers 
existing  within  the  turbomachine  passages.  These  are  better  expressed  by 
the  nozzle  exit  Mach  Number. 
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where  Vj  =  nozzle  exit  velocity 

C  -  acoustic  velocity  in  the  nozzle  exhaust  flow. 

*1 


or  the  rotor  exit  Mach  Number 


Wj  -  rotor  exit  velocity  relative  to  rotor 

C  =  acoustic  velocity  in  the  rotor  exhaust  flow 
*3 

The  Mach  Number  also  correlates  the  changes  in  volumetric  flow  rate  through 
a  turbomachine  system  for  a  compressible  fluid,  and  thereby  correlates  the 
velocity  triangles  throughout  a  turbomachine  operating  with  a  compressible 
fluid.  For  low  Mach  Numbers,  the  changes  in  volume  flow  are  small,  and 
some  variation  of  turbomashine  Mach  Number  can  be  tolerated  without  causing 
excessive  distortion  of  the  velocity  triangles. 

Summarizing  the  foregoing  discussion  for  the  case  in  which  a  turbine  of 
given  design  and  dimension  is  to  be  tested  using  a  different  compressible 
fluid  from  that  for  which  it  was  designed,  the  required  similarity  criteria 
reduce  to 


Q  _ 
R  ' 

constant 

H 

~2  r- 

constant 

N 

ii 

constant 

N 

r 

constant 

8 

The  third  and  fourth  expressions  can  be  used  to  define  the  temperature 
and  pressure  conditions  under  which  the  test  fluid  flow  is  identical  with  the 
design  point  fluid  flow,  and  also  the  rotational  speed  at  which  the  turbo¬ 
machine  should  be  operated.  From  the  definition  of  speed,  the  volume  flow 
and  head  conditions  to  be  applied  are  determined  from  the  first  and  second 
expressions. 
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a.  Establishment  of  the  Air  Test  Conditions  Equivalent 
to  the  Turbine  Design  Point 

The  following  parameters  can  be  extracted  from  the  turbine  design 
and  design  point  flow  conditions. 


N 

a 

80,000  RPM 

C 

a 

.  106  inch 

D 

= 

1.  20  inch 

Had 

3 

17. 126  Btu/lb 

^out 

= 

1399.  44°F 

P  * 
out 

a 

1850  psia 

w 

a 

1.  064  lb/sec 

The  following  outlet  fluid  properties  can  be  derived 
=  .  0988  lb/hr  ft. 


's  out 


.=  3.  85  lb/ ft 
*  1686  ft/sec 
=  .  2765  ft^/ sec 


Assuming  that  the  test  turbine  is  to  be  operated  with  dry  air  and  that  the 
turbine  exhaust  static  temperature  is  75°F,  the  relevant  properties  of  the 
air  are 

u  .  =  .  045  lb/hr  ft 

^axr 

C  =1134  ft/ sec 

s  air 


Using  the  relationships  previously  defined 

N  .  C 

air 


s  air 
b  CO- 


1134 

rm 


.  6726 


N  . 
air 


80, 000  x  =  53807  RPM 


Pair  = 


PCO,  x 


=  3. 85  x 


Qair  =  QCO. 


Pair 

X 

<*co2 

i 

.045 

rras  x 

.  6968 

2.  605  lb/ft 


N 


air 


N 


CO. 


=  .2765  x  .6726  =  .  1860  ft3/sec 

N 


H 


ad  air 


=  17.126  x 


air 


N 


CO. 


=  7.  75  Btu/lb 


Reducing  these  density  and  isentropic  head  requirements  to  pressure 
and  temperature  values,  the  cold  air  test  conditions  which  will  exactly  simu¬ 
late  the  hot  C02  turbine  performance  will  be 

=  634. 3  psia 

Tin  =  "°F 

Pout  =  515Psia 

N  =  53,  800  PPM 

Under  these  conditions  the  turbine  should  flow  .485  lb/sec  of  air. 
Assuming  an  adiabatic  efficiency  of  .  75,  it  should  develop  3.  99  HP,  equivalent 
to  a  measured  torque  of  4.  67  lb-inch. 

b.  Review  of  the  Equivalent  Air  Test  Conditions 

Although  the  air  test  conditions  established  will  accurately  simulate 
the  design  point  flow  and  performance  conditions,  it  is  apparent  that,  they  still 
involve  elevated  pressures  and  in  particular  require  an  air  supply  of  con¬ 
siderable  magnitude.  This  is  a  common  characteristic  of  such  testing,  and 
an  economic  accommodation  is  usually  reached  by  testing  at  low  pressure, 
provided  that  the  simulation  of  flow  conditions  is  not  seriously  in  doubt.  In 
most  turbomachinery  cases,  the  design  point  Reynolds  Numbers  are  extremely 
large,  and  legitimate  testing  can  be  done  at  much  smaller  Reynolds  Numbers 
without  serious  discrepancy.  The  case  under  examination  is  no  exception, 
but  a  check  of  the  turbomachine  design  point  R»  /nolds  Number  (R  *)  shows 
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that  this  is  6.  4  x  10  .  This  is  very  low  relative  to  turbomachines  in  general, 
and  indicates  that  the  rotor  Reynolds  Number  (which  is  usually  an  order  of 
magnitude  lower  than  the  turbomachine  Reynolds  Number  for  this  class  of 
machine)  is  not  far  above  the  critical  value  below  which  the  viscous  fluid 
forces  can  be  expected  to  seriously  affect  the  turbomachine  flow  character¬ 
istics.  A  more  detailed  examyiation  confirms  that  the  design  point  Rotor 
Reynolds  Number  is  4.68  x  10  .  Although  this  is  good  from  the  standpoint 
of  predicting  the  flow  within  and  the  performance  of  the  turbine  at  its  design 
point,  it  severely  limits  the  reduction  in  air  test  pressure  level  which  can  be 
made  without  impairing  the  evaluation  of  the  turbomachine's  performance. 

To  hold  the  Rotor  Reynolds  Number  to  the  desired  minimum  of  3.  5  x  10^ 
would  permit  a  reduction  of  the  air  test  condition  pressure  levels  to  minimums 
of  475  paia  inlet  and  385  psia  outlet. 

One  possible  way  of  reducing  these  pressure  levels  would  be  to  test 
at  an  increased  turbomachine  Mach  Number.  For  instance,  doubling  the  head 
and  increasing  the  turbomachine  speed  41.4%  would  result  in  very  similar 
dynamic  and  kinematic  conditions,  but  would  increase  the  Rotor  Reynolds 
NUmber  by  about  45%.  This  would  permit  a  decrease  of  the  air  outlet  pres¬ 
sure  to  about  265  psia  but  still  require  a  400  psia  inlet  pressure.  It  is 
apparent  that  the  decrease  in  pressure  level  is  not  of  significant  proportion 
as  far  as  the  provision  of  an  air  supply  is  concerned.  Also,  the  required  air 
test  turbine  speed  has  risen  to  76,  100  RPM,  and  the  pressure  differential 
across  the  turbomachine  has  increased,  thereby  further  aggravating  an  already 
difficult  axial  thrust  load  situation. 

Accordingly,  it  has  been  decided  to  test  the  turbine  using  cold  air 
at  the  correct  Mach  Number  and  velocity  ratio  conditions  and  at  a  Reynolds 
Number  condition  which  will  assure  validity  of  the  test  data.  It  should  be 
pointed  out  that  the  same  turbine  tested  in  the  CRU  would  be  expected  to  show 
a  design  point  performance  slightly  better  than  that  achieved  in  these  air 
tests  due  to  the  more  favorable  Reynolds  Number  conditions. 

c.  Air  Test  Conditions. 

P.  =  475  psia 
in  r 

T.  =  99°F 

in 

Pout  =  385  ?sia 

N  =  53,  800  RPM 

W  =  0.  363  lb/sec 

2.  DESIGN  INTEGRATION 

The  air  turbine  testing  will  be  done  with  a  modified  Vortec  Model  20.020 
dynamometer.  Although  Vortec  has  ceased  operations,  the  Clayton  Manu¬ 
facturing  Corporation  of  Los  Angeles  is  expected  to  continue  the  Vortec 
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dynamometer  product  line.  Furthermore,  the  McDonnell  Douglas  Corporation 
(major  stockholder  of  Vortec)  has  access  to  a  complete  set  of  drawings  and 
numerous  components  so  that  a  special  build  of  the  unit  could  readily  be 
accomplished,  if  necessary. 

The  air  turbine  test  setup  is  shown  in  Figures  50  and  51.  The  air  is 
passed  through  a  straightening  section  before  entering  the  nozzle.  The  tur¬ 
bine  discharge  consists  of  an  axial  diffuser,  followed  by  a  constant  velocity, 
axial-radial  passage  into  a  plenum  chamber.  The  flow  from  the  plenum 
chamber  is  controlled  by  a  variable  pressure  differential  regulating  valve 
mounted  directly  on  the  main  turbine  housing. 

The  air  turbine  section  construction  consists  of  the  main  turbine  housing, 
an  inner  turbine  housing,  and  an  air  seal  assembly  on  the  discharge  side  of 
the  turbine  rotor.  The  dynamometer  shaft  has  been  modified  to  provide 
sufficient  extension  so  that  the  multiple  labyrinth  air  seal  could  be  used  as 
well  as  the  actual  turbine  with  its  extended  hub.  An  aluminum  seal  ring  is 
clamped  to  t"  inlet  side  of  the  turbine  rotor  to  provide  a  peripheral  seal 
against  circulatory  flow  within  the  closed  cavity  from  affecting  the  normal 
flow  into  the  turbine. 

Both  the  main  and  inner  turbine  housings  will  be  machined  from  alum¬ 
inum  bar  stock.  The  turbine  nozzle  vanes  will  be  machined  integral  with  the 
inner  shroud  from  free-machining  brass  bar  stock.  The  outer  shroud  will 
be  interference  fitted  over  the  nozzle  vanes  and  fixed  in  place  by  .018  inch 
diameter  Bteel  pins  in  radial  holes  through  the  shroud  into  the  nozzle  vanes. 
The  labyrinth  seals  are  fabricated  from  leaded  phosphor  bronze  sheet  metal 
strips  alternated  with  copper  spacer  rings  which  are  fused  together  to  form 
the  seal  assembly.  The  rotor  shaft  under  the  labyrinth  seals  will  be  electro¬ 
less  nickel  plated  and  polished. 

After  bolting  and  dowelling  the  dynamometer  and  main  turbine  housing 
to  the  common  sub-base,  the  principal  locating  diameter  in  the  main  turbine 
housing  will  be  finish  ground  in  assembly  to  ensure  proper  concentricity 
between  rotor  and  housing. 

The  two  questionable  features  of  the  air  turbine  test  configuration  were: 

1.  possible  rotor  dynamic  problems,  and 

2.  dynamometer  bearing  difficulties  due  to  the  relatively  high 
thrust  load  imposed  by  the  pressure  differential  across 
the  turbine  rotor. 

a.  Rotor  Dynamics 

A  full  length  model  of  the  rotor  is  shown  in  Figure  52  together  with 
a  graphical  presentation  of  the  El  characteristic  over  the  length  of  the  rotor. 
The  critical  speed  model  shape  was  assumed  to  be  of  the  form, 


125 


Constant  Velocity  Passage 


Figure  52.  Rotor  Proportions 


y  ~  a  +  bx+cx^  +  dx^  +  ex4  +  fx^ 
where  the  coefficients  are  determined  by  the  following  boundary  conditions: 

@x  =  0,  =  0 

dx  dx 

@x  =  2. 8,  y  =  0 

.2 

@  x  =  6.  9,  y  =  — \  =  0 

dx 

so  that 

y  =  e  [540  -  210  x  +x4  -  .  087x5  ] 

Invoking  the  Rayleigh  Principle,  that  is. 


where  m  =  rotor  mass  per  unit  length,  and 

0)  =  first  critical  speed  frequency 

c 

a  numerical  integration  leads  to: 

0)  =  284,  0 00  RPM  which  is  over  five  times  higher  than  the 

c  maximum  rotor  speed  of  53,  800  RPM. 

b.  Bearing  Thrust 

With  design  point  pressures  acting  on  the  turbine  rotor,  an  axial 
thrust  of  99  lbs  is  developed.  Two  angular  contact  bearings  installed  back- 
to-back,  and  spaced  by  two  equal  length  race  spacers,  support  the  rotor. 

The  basic  dynamometer  design  employs  outer  race  spring  loaders  to  make 
the  unit  suitable  for  a  wide  variety  of  applications.  However,  for  this 
application,  in  order  to  obtain  high  axial  stiffness  and  best  overall  bearing 
performance,  the  loading  springs  will  be  removed  so  that  bearing  preloads 
will  be  imposed  across  rigid  spacers. 

The  bearings  are  of  a  basic  202  size  and  will  use  a  conservative  10° 
contact  angle.  Standard  AFBMA  ratings  indicate  a  dynamic  thrust  capacity 
of  approximately  1100  pounds  for  the  bearing  which,  at  53,  800  RPM  and 
99  lbs  thrust  load  corresponds  to  a  B1Q  life  of: 
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HOP3  106  =  425  hrs, 

99  53, 800(66) 

which  is  considered  acceptable  for  the  program. 

3.  INSTRUMENTATION 

The  air  turbine  air  flow  instrumentation  will  take  the  following  measure¬ 
ments: 

1.  Turbine  inlet  temperature. 

2.  Turbine  differential  temperature. 

3.  Turbine  inlet  static  pressure. 

4.  Turbine  inlet  to  nozzle  outlet  differential  pressure. 

5.  Turbine  nozzle  outlet  to  wheel  outlet  differential  pressure. 

6.  Turbine  inlet  to  diffuser  outlet  differential  pressure. 

7.  Turbine  inlet  air  flow  rate. 

In  addition,  the  dynamometer  will  supply  shaft  torque  data  and  an 
electronic  counter  will  be  used  to  measure  shaft  rotational  speed. 

The  purpose  of  the  above  instrumentation  is  to  generate  sufficient  data 
from  which  turbine  performance  can  be  compared  to  design  values,  and  to 
enable  the  cause  of  any  discrepancies  between  observed  and  expected  per¬ 
formance  to  be  determined.  Differential  temperature  and  pressure  measure¬ 
ments  will  be  required  in  order  to  achieve  the  required  accuracy.  The 
purpose  of  each  measurement  is  covered  completely  under  CRU  instrument¬ 
ation. 

There  is  one  significant  difference  between  the  air  turbine  test  setup 
and  the  CRU  turbine  setup.  The  CRU  turbine  has  room  for  a  full  turbine 
exhaust  diffuser  of  efficient  design.  The  air  turbine  test  setup  has  a  very 
short  diffuser  followed  by  a  short,  constant  area  turn  which  dumps  the  tur¬ 
bine  exhaust  flow  into  the  turbine  housing.  This  configuration  was  necessary 
in  order  to  limit  the  overhang  of  the  turbine  on  the  dynamometer  high  speed 
shaft  bearings,  and  thereby  assure  the  dynamic  stability  of  this  assembly 
at  the  highest  speeds  anticipated  for  the  air  turbine  tests.  It  was  considered 
impractical  to  arrange  the  turbine  with  the  inlet  side  closer  to  the  dynamo¬ 
meter  than  the  exhaust  side,  since  the  leakage  flow  which  escapes  through 
the  dynamometer  shaft  seal  would  then  leave  the  turbine  flow  system  at  a 
point  between  the  nozzle  and  the  turbine  rotor.  It  was  considered  that  this 
leakage  would  modify  the  turbine  system  flow  characteristics  to  an  extent 
that  would  detract  from  the  validity  of  the  test  results. 

Due  to  the  nature  of  the  air  turbine  exhaust  flow  path  it  is  necessary  to 
estimate  the  turbine  exhaust  total  pressure  using  conventional  compressible 
fluid  flow  relationships  from  the  static  pressure  measurement  taken  at  the 
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wheel  exit  end  the  discharge  temperature  and  air  flow  rate  measurements. 
The  static  pressure  measurements  at  the  end  of  the  short  diffuser  will  allow 
a  check  to  be  made  upon  the  turbine  wheel  exit  static  pressure  measurements 
since  the  turbulence  and  blade  wake  frequency  perturbations  in  the  static 
pressure  at  the  wheel  exit  will  have  been  largely  damped  in  the  diffuser.  As 
in  the  case  of  the  CRU,  all  pressure  and  temperature  measurements  will  be 
taken  at  three  points  equally  spaced  circumferentially  at  each  location  to 
obtain  circumferential  temperature  and  pressure  distributions  and  to  provide 
data  reliability  through  redundancy.  The  absolute  temperatures  will  be 
sensed  with  thermocouples  and  recorded  on  a  multipoint  potentiometer 
recorder  with  an  accuracy  of  *1%.  The  differential  temperatures  will  be 
recorded  with  an  accuracy  of  ±2%.  The  absolute  pressures  and  differential 
pressures  will  be  read  on  bourdon  and  bellows  type  gauges  respectively  with 
an  accuracy  of  ±1/2%.  Flow  rate  will  be  measured  on  the  inlet  side  of  the 
turbine  by  a  calibrated  laminar  flow  type  meter  with  an  accuracy  of  ±0.  5%. 
Shaft  torque  transmitted  to  the  dynamometer  will  be  measured  with  an 
accuracy  of  ±1%  of  full  scale.  Shaft  speed  will  be  measured  with  an  accuracy 
of  ±60  RPM  equivalent  to  ±0.  11%  of  the  equivalent  air  test  design  point  speed. 

Figure  53  is  an  enlargement  of  the  turbine  section  of  the  air  turbine 
assembly  as  shown  in  Figure  50  of  th«,  design  section  of  this  report,  and 
shows  the  location  of  all  thermocouples  and  pressure  lines.  All  thermo- 
couple  probes  are  1/16  inch  outside  diameter  and  will  be  attached  to  the 
turbine  inner  housing  with  Swagelok  compression  fittings.  The  turbine  inlet 
thermocouples  will  be  attached,  and  the  probes  bent  at  right  angles  as  shown, 
after  the  nozzle  assembly  is  installed  within  the  housing.  The  end  of  the 
turbine  outlet  temperature  probe  will  be  supported  by  small  brackets  spot 
welded  to  the  thermocouple  sheath  and  to  the  housing. 

The  turbine  nozzle  outlet,  turbine  wheel  outlet  and  the  diffuser  outlet 
static  pressure  tap  holes  will  each  be  connected  to  a  1/32  inch  outside 
diameter  tube  which  will  be  seal  bonded  into  a  countersunk  recess  in  the 
outside  surface  of  the  turbine  inner  housing.  The  other  end  of  each  tube  will 
be  seal  bonded  into  a  matching  hole  in  the  outer  wall  portion  of  the  housing. 

A  standard  compression  fitting  then  connects  each  of  these  holes  to  the 
appropriate  pressure  measuring  instrument  through  standard  instrumentation 
tubing. 

As  shown  in  Figure  53,  the  turbine  inlet  static  pressure  measurement  is 
straightforward  and  requires  no  explanation  (this  pressure  should  be  very 
close  to  the  total  pressure  due  to  the  low  air  velocity  at  the  sense  port). 

All  probes  and  pressure  tubes  will  be  checked  out  on  the  turbine  inner 
housing  prior  to  installation  of  the  complete  assembly  into  the  turbine  outer 
housing. 


Turbine  Outer  Housing 


itlet  Turbine  Wheel  Outlet 


Section  V 

CONCLUSIONS  AND  RECOMMENDATIONS 


1.  CONCLUSIONS 

Ae  a  result  of  the  CRU  and  Air  Turbine  Preliminary  Designs  the  following 
conclusions  have  been  drawn. 

1.  The  XFCTAP  01-01  CRU  can  be  built  with  current  technology 
and  with  a  high  degree  of  confidence  that  tho  unit  will  perform 
as  intended. 

2.  The  turbine  wheel  and  nozzle  can  be  fabricated  to  specifications 
by  several  methods  which  will  result  in  the  desired  turbine  design 
efficiency  of  about  0.  70. 

3.  hiformation  relating  to  turbine  fabrication  is  interpreted  as  being 
indicative  that  the  pump  and  diffuser  can  be  fabricated  to  specifi¬ 
cations  that  will  result  in  the  desired  pump  design  efficiency  of 
about  0.  67. 

4.  The  CRU  design  speed  is  below  the  first  critical  speed  of  the 
rotor  allowing  subcritical  speed  operation  for  all  tests. 

5.  The  rotor  can  be  operated  on  working  fluid  bearings  of  the  self¬ 
acting  type  with  ample  stiffness  and  load  carrying  capacity  and 
acceptable  losses  based  on  analysis. 

6.  Both  the  CRU  and  Air  Turbine  Test  Unit  can  be  instrumented 
for  making  adequate  measurements  that  will  result  in  perform¬ 
ance  evaluation  and  will  monitor  and  safeguard  the  units  during 
testing. 

2.  RECOMMENDATIONS 

Based  on  the  knowledge  gained  during  the  preliminary  designs  and  the 
conclusions  drawn  therefrom  it  is  recommended  that: 

1.  The  preliminary  designs  be  carried  through  final  design  and 
the  unit  be  built  and  tested. 

2.  The  turbine  be  tested  in  the  Air  Turbine  Test  Unit  prior  to 
testing  in  the  CRU. 

3.  A  simulated  dynamic  model  of  the  CRU  rotor  be  tested  in  a 
bearing  test  rig  with  supercritical  CO?  lubricant  prior  to 
testing  the  CRU. 

This  recommendation  does  not  reflect  a  lack  of  confidence 
in  the  working  fluid  bearings  but  rattier  intends  to  insure  a 
cost-effective  CRU  test  program  with  the  risks  considerably 
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reduced.  Pre-testing  the  rotor  and  working  fluid  bearings 
is  analogous  to  pre-testing  the  turbine  in  the  Air  Turbine 
Test  Unit. 
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It  ABSTRACT 

N  Preliminary  Design  of  the  XFCTAP  01-01  Combined  Rotating  Unit  (CRU)  is 
described  in  this  report.  The  unit  is  intended  for  the  investigation  of  Supercritical 
(Feher)  cycle  engine  components. 

The  CRU  consists  of  a  single  stage  axial  reaction  turbine,  a  single  stage  radial 
pump  and  a  solid  rotor  alternator  with  its  rotor  supported  on  self-acting  radial  and 
thrust  bearings  with  working  fluid  lubrication.  The  working  fluid  is  supercritical 
CO2.  Net  power  output  of  the  CRU  is  10  kWe  at  a  design  speed  of  80,  000  RPM 
In  addition,  this  report  covers  the  design  of  an  Air  Turbine  Test  Configuration 
intended  to  verify  the  performance  of  the  CRU  turbine  with  compressed  air  under 
dynamically  similar  conditions  prior  to  testing  with  high  temperature  supercritical 
COz-  The  air  turbine  test  unit  includes  an  air  dynamometer.  The  turbine  is 
attached  to  the  dynamometer  shaft  for  direct  torque  measurement.  The  housing 

provides  means  for  regulating  air  flow  rate.  (  v _ _ 

Both  the  CRU  and  the  Air  Turbine  Unit  are  fully  instrumented  to  yield  data  on 
pressures,  temperatures,  flow  rates  and  electrical  power  from  which  the  perform¬ 
ance  of  the  various  components  can  be  determined. 

Investigation  of  the  feasibility  of  miniaturized  turbine  fabrication  resulted  in  the 
conclusion  that  these  components  can  be  made  to  specifications  that  will  yield  a 
turbine  efficiency  of  about  0.70  and  a  pump  efficiency  of  about  0.  67  at  the  design 
point.  The  alternator  efficiency  is  estimated  to  be  about  0.  89. 

It  is  recommended  that  these  preliminary  designs  be  carried  through  final  design 
and  that  the  units  be  fabricated  and  tested. 
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